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Chapter  1 

Lubricant  Load  Carrying  Capacity 


1.0  Background 

A  key  requirement  in  the  development  oi  transmissions  is  the  need  to  increase  specific 
power,  i.e.  torque  and/or  angular  velocity  per  unit  mass,  without  impeding  upon 
reliability. 

Existing  test  methods  are  inadequate  in  predicting  certain  failure  mechanisms,  such  as 
scuffing,  and  have  resulted  in  the  need  to  develop  alternative  load  carrying  edacity  tests. 
Load  carrying  capacity  is  one  measure  of  lubrication  efficacy. 

This  report  outlines  the  design  and  construction  of  a  mini-disc  rig  to  evaluate  scuffing, 
together  with  test  results  undertaken  at  In^icrial  College,  London  on  behalf  of  Wright 
Patterson  airforce  base  (WPAFB). 
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1.1  Gear  Contact  Mechanics 

Tooth  contact  loads  vary  during  meshing  and  the  relative  motion  between  the  tmh 
comprises  both  sliding  and  rolling  at  different  points  within  the  meshing  cycle.  This  cycle 
is  illustrated  in  Figure  1.1  from  maximum  negative  sliding!  at  engagement,  through  zero 
at  the  pitch  p<Mt  0-c.  pure  rolling)  to  maximum  positive  sliding  at  disengagement 


Eeure  1.1  Ryder  Gear  Tooth  Contact  Cycle  Using  Measured  Flank  Profiles 
fCouncsv  of  Eaton  Transmissions  Ltd’) 


%  load  sharing  .  sliding  vel.  m/s 


!  Sliding  is  teniied  as  the  difference  between  the  respective  rolling  velocities  of  meshing  teeth.  For  sliding 
10  be  positive,  convention  dictates  that  both  rolling  and  sliding  are  in  the  onv.  direction. 
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Static  contact  analysis  data  was  employed  to  produce  Figure  1.1,  hence  no  allowance  was 
made  for  dynamic  efifects,  alignment  or  pitch  errors  which  will  supexinqxKe  transient 
loads. 


In  transmitting  power  and  relative  modem  between  geared  shafts,  toodi  contaa  is  non- 
conformal.  For  a  rectangular  contact^  of  width  / ,  the  mean  cemtact  stress  can  be 


as: 

<r _ 

_  Load 
contact  area 

wbext: 

b=  1 

fdxWxR' 

xxlxE* 

K.’J 

£*  = 

1  ^  ^ 

W 

2xb  xl 


(1) 


(2) 


Rl  &  R2  are  radii  of  teeth  at  point  of  contact,  Ei  and  E2,  vi  and  V2  are  moduli  and 
Poison's  rados  respectively. 


Given  Oy ««  hardness; 

E 


(3) 


Hence  die  optimum  material  parameter  is  one  of  high  (hardness^/E*),  whilst  the  relative 
radius,  R',  varies  with  roll  angle. 

Besides  allowable  contaa  stress,  the  geometry  of  the  tooth  means  that  there  will  also  be  a 
tensile  stress  at  the  root  fillet  due  to  bending.  If  the  tooth  is  modelled  as  a  cantilever  then 
fixxn: 


2  In  practice  tooth  contact  is  -  eUiptical  but  of  high  abject  ratio  in  spur  gears.  For  simplicity  this  has 
been  approximated  to  a  nominal  line  contact  for  the  purposes  of  this  study. 
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hi  xy 
a= - i- 

/ 


(4) 


it  can  be  shown,  AGMA  (1965)  that 
=  fn(hardness  &  geometry  ) 

V 

where  geometry  emlwaces  tooth  sh^,  thickness  and  nxx  fiiw 

The  root  bending  stress  is  tensfle  and  occtirs  on  the  surface  whilst  the  TnnTimmn 
compressive  stress  is  sub-surface  and  therefore  constrained,  Oc  >  Ob,  typically  1.2  GPa 
cf.  0.5  GPa  for  pcrfOTtnance  gears. 

In  practice,  the  teeth  are  heat  treated  which  modifies  the  argument  above,  inst^ar  as  the 
material  is  no  longer  homogeneous  whilst  the  contact  is  not  smooth  but  occurs  over 
numerous  discrete  asperities. 

In  addition,  tooth  meshing  is  dynamic  which  affects  both  tooth  loading  and  introduces 
fatigue  where  toughness  is  paramount  Nevertheless  the  analysis  does  provide  an  insight 
into  the  requisite  material  parameters  for  gears. 
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1.2  Gear  Lubrication 


Whilst  traction  can  be  improved  by  increasing  the  equivalent  modulus,  E*.  in  order  to 
reduce  the  area  of  contact,  in  practice  much  more  is  to  be  gained  from  lubrication.  Three 
regimes,  shown  in  Figure  1.2  are  broadly  distinguishable  corresponding  to  the  variatioo  in 
contact  conditions  illustrated  in  Figure  1.1: 

•  Boundary  (bl) 

•  Mixed 

•  Full  Elastohydrodynamic  lubrication  (ehl) 


Figure  1.2  Lubricant  Regimes 


Boundary  lubrication  is  that  which  “cannot  be  attributed  to  the  bulk  viscous  prtqienies  of 
the  lulxicant,  but  arises  frcxn  a  specific  solid  lubricant  intoraction”. 

Boundary  lubrication  lowers  traction.  This  is  achieved  by  the  creation  of  low  shear 
strength  interfacial  films  appropriate  to  die  severity  of  the  contart  (temperature,  pressure 
and  sliding  speed)  reducing  adhesion  and  traction. 

The  mechanism  and  interaction  of  fluid  and  material  parameters  is  con^lex  and  dominated 
by  the  physical  and  chemical  properties  of  the  surfaces  in  contact  Increased  rotational 
speed  assisted  by  better  finish,  improved  geometry  or  higher  lubricant  inlet  viscosity,  will 
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enable  a  full  elastohydrodynamic  film  to  develop  via  a  mixed  regime  as  illustrated  in 
Figure  1.3. 


Figure  1.3  Coefficient  of  Friction  versus  STv-dfic  Film  Thiclmf>« 


A  =-r— —— 

where 

h  =  film  thickness 
01,02=  r.m.s  roughness 

Elastohydrodynamics  extends  the  applicability  of  classical  hydrodynamics  to  non- 
conformal  surfaces.  This  is  achieved  through  the  elastic  deformation  of  the  contacting 
surfaces  and  enhanced  lubricant  viscosity  that  arises  under  extreme  pressure. 

Under  these  conditions,  the  minimum  film  tiiickness  between  two  rollers  ( *•  two  spur 
teeth)  has  been  defined  empirically  by  Dowson  &  Higginson  (1966)  as: 


(6) 


6 


h^  =  2.7x 


(7) 


1/°  '’  X  rj®  ’  X  X 


where 

U=Ui+U2  ,Ui  Sc  U2  arc  peripheral  velocities  of  bodies  1  &  2  respectively 

From  Equation  (7)  it  is  evident  that  die  minimum  film  thiclmess  is  strongly  inflwnffnj  by 
the  entrainment  speed,  U,  the  inlet  viscosity,  77,  and  the  pressure  viscosity  coefficient,  a 
Gear  geometry  and  speed  dictate  the  entrainment  speed.  Lubricant  iherdogy  determines 
die  inlet  viscosity  and  pressure  viscosity  coefficient,  largely  according  to  temperature. 

The  optimum  film  thickness  is  that  which  just,  conqiletely  separates  the  cnrfa/^fs 

In  practice  the  influence  of  temperature  upon  viscosity  is  substantially  greater  than  upmi 
the  pressure  viscosity  coefficient  and  it  is  therefore  the  viscosity  index  which  is  optimised. 

The  benefits  of  operating  under  full  elastohydrodynamic  corxlitions  would  mean  conqilete 
separation  of  the  tooth  surfaces.  However,  in  practice,  low  rotational  speed  and/or 
weight,  preclude  this. 


It  may  be  concluded  that  distinguishing  between  regimes  depends  upon  whether  shear  is 
predominantly  within  the  fluid  film  or  within  the  surface  layers.  Transiticn  between 
regimes  depends  upon  specific  operating  conditions  such  as  gear  type  and  arrangement, 
material,  loading,  accuracy,  finish,  lutaicant,  lubrication  and  cleanliness. 

Hence  effective  gear  design  needs  to  take  into  account: 

i.  Gear  size  in  relation  to  load  carrying  capacity^  and  resistance  to  scuffing^ 

ii.  Allowable  contact  stress  and  resistance  to  pitting 

iii.  Tooth  size  to  ensure  adequate  bending  strength 

iv.  Cost 


3  Scuffing  is  used  as  the  criterion  of  LCC  whilst  curating  in  the  Mixed  Regime  of  Figure  1.2.  and  is  the 
transition  from  mild  occe/XoMe  wear  la  catastrophic  wear 
^  The  term  sa^ng  is  used  throughout  rather  than  the  American  usage  of  scoring. 
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Where  advanced  transmissions  are  concerned  (i),  Oi)  and  (iii)  are  of  primary  concern  in 
maximising  specific  power  and  reliability.  This  is  sought  maximising  Load  Carrying 
Capacity  and/or  speed^  through  optimising  geometry,  dynamics,  material,  lubricant  etc. 

This  study  is  primarily  concerned  widi  the  nature  of  extensive  adhesive  wear  as  a  result  of 
combined  boundary  and  elastohydrodynamic  lubrication  failure. 


5  Hsing  (1974)  importance  of  LCC  upon  transmissioo  weight  where  50%  of  commercial  life  cycle  costs 
are  attributable  to  fuel  («cweight)  and  Cocking  (1984)  high  ratio  final  stage  configuration 
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1.3  Gear  Failure  Modes 


The  AGMA  classifies  gear  failure  mcxles  as  follows: 

•  Wear 

•  Sci^ng 

•  Interference 

•  Surface  fatigue 


Plastic  flow 
Fracture 
Process  Related 
Compound 


Gear  failure  is  frequently  multifarious  and  such  distinctions  are  primarily  a  irvjinc  of 
characterisation.  For  the  purpose  of  this  report  tveur  zndsci^ng  are  reviewed. 
Scuffing  often  manifests  itself  as  gross  wear . 

1.3.1  Wear 

If  die  lubricant  film  between  meshing  teeth  during  running  is  insufficient  to  separate  the 
surfaces,  asperity  contact  will  lead  to  wear.  Wear  can  be  categcaised  as: 

•  polishing 

•  moderate 

•  excessive 

Polishing  wear  is  the  most  frequently  observed  where  low  speed  gears  qjerating  in  a 
boundary  regime  combine  asperity  contact  with  extreme  pressure  (ep)  action. 

Moderate  wear  can  occur  at  gear  tips  and  roots,  where  gears  are  insufficiently  hard  and  ep 
action  inadequate.  Prevention  is  possible  by  using  either  a  more  viscous  at  active 
lubricant  or  by  changing  the  operating  conditions,  i.e.  geometry,  surface  finish,  load,  etc. 

If  wear  is  allowed  to  become  excessive  the  reductitHi  in  tooth  thickness  and/or  creation  of 
crack  initiaticMi  sites  will  eventually  impair  tooth  bending  strength. 
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Two  further  types  of  wear  are  of  note:  abrasion ,  two  or  three-body,  and  corrosion. 
Ineffective  lubricant  filtradon  pronxites  two  body  abrasion,  whilst  condensation,  for 
exan^le,  can  cause  corrosive  wear. 

Acceptable  levels  of  wear  vary.  For  exan^le,  what  is  considered  acceptable  for 
automotive  gears,  is  likely  to  be  excessive  for  a  set  of  precisioa  instrument  gears.  Wear 
during  ‘running-in’  is  invariably  considered  beneficial. 

Wear  regimes  can  be  depicted  in  terms  of  load-speed  plots  as  shown  in  Figure  1.4. 


Figure  1.4  Wear  Regimes.  SheU  (1964^ 


Banding  fatigue  faitur* 
Impact  fracture 


Partial  hydiodynamcT 
slow  wear  inevltabla 


Full  hydrodynamic  lubriciionr 
possbie  abrasive  wear  by  contaminants 


Speed 


1.3.2  Scuffing 

Scuffing  is  defined  by  the  AGMA  (1980)  as  “gross  adhesive  wear,  characterised  by  tooth 
asperity  contacts  welding  and  tearing”.  It  is  usually  the  result  of  tooth  damage  associated 
with  defective  lubrication.  Localised  scuffing,  for  example,  can  be  caused  as  a  result  of 
tooth  misalignment,  form  errors,  inadequate  tip  relief  or  excessive  dynamic  loading.  In 
contrast  to  other  types  of  lubrication-relatcd  tooth  failure  which  take  time  to  develop. 


10 


scuffing  occurs  precipitously®  and  is  therefore  of  primary  concern.  Unless  caught  early  on 
and  rectified,  scuffing  will  render  a  gear  set  totally  un-serviceable. 

Very  light  scuffing,  termed^orn'/jg,  can  either  heal  conpletely  if  conditions  change,  or 
remain  limited  to  the  root  If  allowed  to  develop,  material  loss  above  and  below  the  pitch 
line  will  destroy  the  tooth  profile,  create  noise  and  vibration,  and  may  lead  eventually  to 
toodi  firacture. 


1.3.2.1  Scuffing  theories 

Scuffing  mechanisms  can  be  summarised  as  a  combination  ol  Side's  critical  teixq)eiature 
criterion  and  Dyson's  failure  of  ehl.  The  remaining  hypotheses  are  to  a  greater  or  Wyr 
extent  based  or  derived  from  these,  Dyson  (1975). 


Blok  attributes  gear  failure  to  a  critical  temperature,  comprising  the  sum  of  die  bulk  (skin) 
temperature  and  the  flash  temperature  rise  in  the  contact,  6f,  which  may  for  a  given 
material/lubricant  combination  be  written  as: 


Of  oc 


/f  xiyx(v,-v^) 


(aV^-^V^)x>/2F 


(8) 


\riiere: 


H  =  coefficient  of  ffiedon 


W  =  load  per  unit  length 
vi,V2  =  sliding  velocity  of  bodies  1  &  2 
B\,B2=  thermal  constant  of  bodies  1  &  2 
b  =  contact  half-width.  Ref.  Equatitm  (2) 


®  ‘Fatigue  scoring’  phenomena  investigated  by  MaePberson  (1S>72)  is  one  of  surface  micro-pining  fatigue 
causing  scuffing. 
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As  vi  and  V2  oe  n  ,  rpm  of  pinion 


hence 

3  1 

e^»c^xW*xn^ 

which,  if  n  is  constant  may  be  rewritten, 

3 

(n)l  xW  =  constant 

which  is  similar  to  the  PVs  criteria‘s ,  namely: 


(9) 


(10) 


(11) 


n^xW  =  constant 


Dyson's  theory,  on  die  other  hand,  is  based  on  the  lambda  concept,  namely,  if  the  ratio  of 
film  thickness  to  composite  surface  roughness  is  less  than  unity,  then  failure  of  ehl  and 
scuffing  are  more  likely  to  occur. 

Since  ehl  is  strongly  affected  by  lubricant  inlet  viscosity,  any  reduction  in  viscosity  will 
increase  the  level  of  asperity  contact  and,  in  turn,  reduce  inlet  viscosity  through  thermal 
feedback.  The  localised  lubricant  films  between  contacting  asperities,  known  as  micro^hl 
will  collapse  in  the  absence  of  high  ambient  pressure  created  by  the  macro-ehl  hence  a  film 
separating  the  surfaces  no  longer  exists. 

Thus  while  Blok's  criterion  is  one  of  critical  contact  temperature,  that  of  Dyson's  is  critical 
inlet  temperature.  Empirical  evidence  over  the  validity  of  either  theory  varies  according  to 
the  source  and  test  method  employed.  However,  their  use  is  widespread  in  the  absence  of 


PVj  after  Almcn  (1942),  the  produa  of  the  mean  Hertzian  pressure  and  the  sliding  velocity,  where 
P^VW  and  Vs«n  hence  PV,«W  n2  Grosbeig  (1977)  notes  the  exponent  varies  between  -1  and  +2 
according  to  the  source. 
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better  alternatives^.  Implicit  in  diis  empiricism  is  the  diffictilty  in  predicting  the  onset  of 
sctiffing.  especially  where  formulated  lubricants  are  concerned. 

In  practice,  boundary  films  coo^licate  matters  and  any  adequate  scuffing  theory  must 
explain  both  the  failure  of  elastohydrodynamic  and  subsequent  failure  of  the  boundary 
film.  Hiud  analysis  indicates  that  it  is  dte  wear  of  die  boundary  film  riiat  the  actual 

onset  of  scuffing,  or  equally,  recovery  wiicre  the  coefficient  of  boundary  fiiction  is  low 
enough  to  permit  die  ehl  film  to  re-form. 

It  is  usually  possible  to  ensure  scuffing  is  avoided  by  refining  the  surface  finish, 
modifying  the  tooth  profile,  in^iroving  lubricant  additive  or  coding.  However,  in  some 
circumstances  it  may  be  necessary  to  redesign  the  gear.  For  exanqile,  a  finer  pitch  will 
reduce  die  extent  of  sliding,  albeit  for  a  reduction  in  tooth  bending  strength.  Tnnyasfj 
lubricant  viscosity  is  not  necessarily  beneficial,  as  viscous  shear  heating  can  lead  to  a 
reduced  film  besides  increasing  traction. 


1.3.2.2  Experience  of  scuffing  in  other  fields 

Scuffing  can  occur  in  engines  betweoi  piston-ring  and  bore,  and  on  occasicm  between 
piston-sldrt  and  bore.  Experience  has  led  to  erxqiirical  designs  fcv  bodi  piston  and  ring, 
subject  to: 


•  application :  rate  of  pressure  rise,  bore  distortion,  rubbing  speed,  aixl 

teo^ierature. 

•  material ;  ring  and  liner  compatibility,  and  finish. 

•  lubricant :  additives. 

For  exanqile,  piston-ring  chromium  plating  and  cross-honing  of  the  bore  can  be  combined 
with  an  apprqiriatc  lubricant  additive  to  mitigate  against  scuffing,  Avery  (1967)  &  Neale 
(1974).  Neale  (1971)  notes  that  piston  ring  scuffing  is  not  common  in  service  as 
considerable  effort  is  expended  during  development  in  prevention. 


*  For  example,  AGMA  (1965)  advocates  a  flash  temperature  of  145®C  for  AMS  6260  ^ur  gears  hardened 
to  6QRc  and  lulvicated  with  an  ester  to  KQl-L-7808. 
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Scuffing  can  also  occur  between  cams  and  tappets.  Dyson  (1961).  Die  dynamics  are 
more  complex  than  those  of  piston-ring  and  bore,  as  rotation  of  the  tappet  tends  to  reduce 
the  flash  temperature  and  help  renew  the  contact  surface,  whilst  the  contaa  geometry  and 
friction  vary  with  cam  rotation.  Once  again  application,  material  and  lubricant  influence 

the  lilcelihood  of  scuffing.  Fcr  exarr^le,  hismricafly  chided  cast-iron  cams  ^ 

have  been  used  to  resist  scuffing.  More  recently  active  lubricants  and  overhead  cam 

designs,  which  reduce  valve  train  loads,  have  enabled  alternative  materials  which  are  more 
resistant  to  pitting  to  be  used  successfully. 

under  Blok's  criterion;  typical  flash  temperatures  at  5000  rpm  are  of  the  order  of 
180“C,  but  can  be  as  high  as  350»C,  with  friction  coefficients  around  0.08.  Designs  are 
also  frequently  assessed  on  PV,  with  typical  values  in  the  region  of  3  J  GPanVs.  Flash 
temperatures  for  piston-ring  and  bore  are  of  the  same  order  as  between  cam  and  tappets, 

but  significantly  higher  ambient  tempaature  means  that  asperity  contact  is  particularly 
undesirable. 

Although  scuffing  per  sc  is  not  experienced  with  rolling  element  bearings,  a  fonn  of 
adhesive  wear,  known  as  smearing,  is  sometimes  observed  where  there  is  significant 
sliding.  Prime  locations  are  between: 

•  tiic  cage  and  rolling  elements 

♦  the  flange  and  roller  contacts  in  roller  bearings 

the  inner  race  and  Clements  in  high  speed  lightly  loaded  bearings 
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1.4  Review  of  Adhesive  Wear  and  Scuffing  Test  Methods 

At  the  turn  of  the  centiny  lubricant  testing  was  largely  confined  to  viscosity,  sjwHfir 
gravity,  flash  point  and  colour,  Hyde  (1922).  An  oU's  suitability  for  any  particular 
application  would  be  derived  fiom  either  experience  or  journal  testers  such  as  the  Thunton 
or  Ingram  &  Stapfcr,  Hurst  (1911).  Although  the  property  of  oiliness  was  observed  it 
was  not  until  refined  mineral  ofis  gained  wider  acceptance  as  lubricants’  that  attempts  were 
made  to  identify  its  nature. 

Eariy  film  strength  lubricant  test  machines  such  as  the  Nq)ier,  similar  in  configuration  to 
the  Timken,  were  developed  as  the  advent  of  hypoid  gearing^  impetus  to  the 
demand  for  ep  and  subsequently  anti-wear  additives,  Musgrove  (1944). 

The  course  of  lubricant  develtqiment  has  led  to  a  proliferation  of  lubricant  testers 
employing  numerous  configurations  to  assess  lubricant  performance  without  the  cost  and 
complexity  of  field  service  testing. 

Such  tests  tend  to  rate  lubricants  according  to  specific  operating  conditions,  inrin/«ng- 

•  Film  Strength 

•  Corrosion 

•  Compatibility  (e.g.  with  elastomeric  seals  and  gear  case  materials) 

•  Deposition 

•  Foaming 

•  Oxidation  and  thermal  stability 

•  Wear 


’  Frequently  on  account  of  other  properties,  such  as  better  oxidation  resistaore. 

10  M^y  eariy  failures  of  hypoid  gears  could  be  traced  to  insufficient  rigidity  of  the  assembly,  but  even 
when  rigidly  mounted,  satisfactory  toleration  required  a  suitably  active  inhrirant 
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1.4.1  Film  Strength  Test  Machines 

Ease  of  nwnitoring  test  parameters,  accelerated  testing  anl  reduced  test-cost  promotes 
labOTatory  over  field  testing.  However,  extreme  caution  must  be  talcf^n  in  conelating 
results  against  full-scale  service,  Maepherson  (1986)  and  Wolf  (1932). 

In  view  that  the  research  undertaken  on  behalf  of  WPAFB  is  primarily  concerned  with 
scuffing,  film  strength  test  methods/machines  have  been  reviewed  in  iwiarion  with  ieq)ect 
to  assessing  lubricant  Load  Carrying  Capacity. 


Laboratory  test  methods  used  to  assess  wear  and  scuffing  performance  can  be  categorised 
into  three  types  of  lubricant  test  machine: 


•  Simple  Geometry  Testing  Machines:  those  using  sinq>le  geometric  test 
specimens  under  pure  sliding  conditions  (referred  to  as  Type  I  Tests). 

•  Gear  Test  Machines:  those  using  gears  as  the  test  specimen  (referred  to  as 
Type  n  Tests). 

•  Disc  Test  Machines:  those  using  discs  to  simulate  a  particular  point  on  the 
path  of  contact  (referred  to  as  Type  HI  tests). 

Table  1.1  Lubricant  Rim  Strength  Testing  Machines  Categorised  hv  Typ^^ 


J.IJi  il.l 

I 

^xcifle  wear 
seizure 

ASTM  D-2670 
ASTM  D-3233 

I 

Block  &.  ring  Timken 
test 

specific  wear 
seizure 

P240 

ASTMD-2509 

I 

4-Ball  m/c 
(Shell-Seta,  Falex) 

qxdficwear 

seizure 

IP  239 

ASTM  D-2783 
ASTMD-4172 

I 

Almen 

seizure 

I 

ASTM  D-27ia 

Rvder  Gear  m/c 

sixcific  area  scuffed 

—u.fini  1^ 

n 

FZGGearm/c 

specific  wear 

_ specific  area  scuffed. _ 

n 

lAEGearm/c 

initial  scuff 
specific  area  scuff 

IP  166 

m 

Amslerdisc  machine 

^Kcific  wear 
initial  scuff 

- 

m 

SAE  disc  machine 

m 

Imperial/ Mobil 
Corvton  disc  machine 

specific  wear 
initial  xuff 
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1.4.2  Simple  Geometry  Testing  Machines  (Type  I  Tests) 

Coivenience  and  the  relative  ease  by  which  parameters  can  be  monitored  accounts  for  the 
widespread  use  of  Simple  Geometry  Testing  Machines.  The  limited  correlation  with  field 
experience  can  be  attributed  to  inadequate  rqjroduction  of  service  in  a 

laboratory  environment  and  the  con^lexity  and  diverse  nature  of  practical  systems. 

No  atteiurt  is  made  to  simulate  die  gear  contact  cycle  or  any  part  of  it  The  modon  is  one 

rf  pure  sliding  and  contact  geometry  varies  with  run-time  althou^  the  Fakx  test  does 
atten9)t  to  partly  cater  for  die  change  in  contact  conditions  by  specifying  a  run-in 
procedure. 

The  limitatioo  of  pure  sliding  is  a  common  feature  of  Type  I  tests  and  has  been 
various  researchers,  such  as  Brix  (1946)  who  modified  the  Timken  configuration  to 
oscillate  one  rotating  disc  against  a  self-aligning  plate  to  introduce  rolling. 


1.4.3  Gear  Testing  Machines  (Type  II  Tests) 

Gear  Testing  Machines  use  spur  gears  as  test  qiecimens  to  determine  the  relative  load 

carrying  capacity  of  lubricants  with  power  re-circulating  on  die  four-square  principle. 
This  aUows  torque  to  be  "locked"  into  die  system,  whereby  die  power  required  is  merely 
that  needed  to  overcome  system  losses. 

The  operating  conditions  of  Gear  Testing,  Machines  are  pre-determined  to  ensure  that  the 
mode  of  failure  is  invariably  scuffing  with  increased  torque.  Gear  tests  are  used  to 
cranpare  relative  performance  of  one  oil  to  another,  rather  than  an  absolute  measure  of 
performance. 

There  are  three  key  differences  between  the  various  types  of  gear  machines: 

•  the  method  of  applying  the  load,  during  running  ot  static 

•  whether  or  not  the  teeth  hunt 

•  the  extent  to  which  the  lubricant  bulk  temperature  is  controUed 
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Tabic  1.2  outlines  the  gear  and  operating  parameters  for  the  major  types  of  Gear  Testing 
Machines. 


Table  1.2  Gear  and  Operating  Parameters  for  lAE.  FZnn  and  Ryder 
Gear  Test  Machines 


Gear  test  machine 

IAE 

IAE 

IAE 

FZG.  A 

FZG.  C 

RYDER 

Pinion  soeed.  rom 

2000 

4000 

2175 

2175 

10000 

■^9 

wsBim 

Addendum  mod.  coef.  x  d 

0.375 

0.375 

0.375 

0.8635 

HHtSH 

Addendum  mod.  coef.  x  G 

0.494 

0.494 

0.494 

-0.5 

tip  relief,  pin./Gear  pm 

12.7,  7.6 

12.7,  7.6 

12.7,  7.6 

0 

5-1012 

Pressure  ancle 

26317 

26317 

26.317 

223 

22.5 

22.5 

Face  width,  m 

4.77E-3 

4.77E-3 

A.TJEri 

20.1E-3 

20.1E-3 

635E-3 

Test  on  temDerature.  *C 

60 

70 

110 

90 

90 

74 

Test  oil  flow,  mlt/min 

284 

568 

568 

Dn> 

Din 

270 

Initial  Load.  N 

127 

127 

127 

90 

90 

93 

64N 

64N 

64N 

185MPa 

185MPa 

93N 

5 

5 

5 

15 

7.5 

10 

5 

5 

5 

A/R 

10 

J  w  ^  1  ir<  1  i  1 1  •  nv  J  1 H 1 1 VB 

3.96 

7.92 

11.89 

3.96 

1139 

Pitch  line  velocitv  m/i 

8.4 

16.7 

25.1 

8.3 

— j.-3 

46.74 

11  In  addition  to  the  conditions  detailed  in  Table  1.2  the  lAE  gear  test  can  also  be  earned  out  at  200®C,  at 
either  2000  qxn  or  6000  rpm. 

Intriguingly  gears  were  originally  specified  without  tip  relief  on  the  grounds  that  it  did  not  improve 
repeatability,  Rydcr(1959).  Figure  1.9  indicates  that  the  tip  relief  now  specified  is  relatively  insignificant 
13  iaE  &  Ryder  are  pitch  line  loads,  FZG  is  crown  tooth  stress. 
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1.4.3. 1  The  Institute  of  Automotive  Engineers'  (lAE)  gear  test  machine 


Figure  1.5  lAE  Gear  Test  Machine.  Mansion  (1952^ 


The  lAE  gear  test  stipulates  a  total  of  four  determinations  rtmning  two  pairs  of  gears, 
testing  both  fwward  and  reverse  faces.  The  gears  operate  at  an  extended  centre,  giving 
rise  to  a  high  pressure  angle  and  consequently  increased  relative  sliding. 

The  test  is  interrupted  between  each  load  stage  for  a  visual  inspection  of  the  teeth.  If  less 
than  60%  of  the  face  area  above  the  pitch  line  is  scuffed,  the  tooth  load  is  increased  by 
locking  additional  torque  into  the  system  whilst  the  rig  is  static.  In  the  event  that  only  one 
face  is  damaged  this  is  deemed  an  initial  failure  load.  Complete  failure  requires  that  both 
face  and  counter  face  are  damaged.  Hence,  an  average  failure  load  is  derived  from  eight 
failure  values,  initial  and  corqrlete. 
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Whilst  flowrate  and  initial  temperature  of  the  test  lubricant  are  controlled,  no  provision  is 
made  for  cooling.  However  the  interruptioos  between  each  load  stage  will  allow  the  geara 
to  cool.  4.5  litres  of  test  lubricant  are  required  for  each  run. 


1.4.3J  The  FZG  (Forschungsstelle  fur  Zahnrider  und  Getriebebaul^  ) 
gear  lubricant  testing  machine 

The  FZG  gear  test  machine  shown  in  Rgure  1.6  is  annilar  to  the  lAE  test 
gear  profiles  have  been  standardised,  detailed  as  "A"  and  "C*  in  Table  1.2.  The  pinion  of 
profile  "C"  has  a  long  addendum  to  increase  the  extent  of  sliding  which  is  necessary  to  test 
fully  fcxmulated  oils. 

Figure  1.6  FZG  gear  testing  machine.  IP  334/80 


A  step  loading  sequence  is  applied  in  twelve  unequal  load  stages  fixMn  100-16,(XX)N, 
equivalent  to  equal  increments  of  Hertzian  stress  up  to  2.3  GPa.  As  with  the  lAE  test  the 
torque  is  altered  whilst  the  rig  is  static. 


Laboratory  for  Gear  research,  TU  MQnchen. 
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An  immersion  heater  is  used  to  raise  the  sump  temperature  to  90**C  before  the  test 
commences.  The  gears  hunt  and  are  dip  lubricated  At  each  load  stage  the  ^ars  are 
inspected  for  scuffing  and  weighed  for  wear  whilst  the  lubricant  is  cooled  back  to  90°C. 
The  failure  load  is  diat  at  which  the  wear  rate  increases  dramatically,  i.e.  it  is  necessary  to 
be  able  to  distinguish  between  load  stages  of  low  and  hi^  wear. 

As  with  the  lAE  test,  bod  faces  of  the  teeth  are  used  for  rating  purposes.  Discrq)ancies 
between  forward  and  reverse  results  may  occur  when  testing  active  lubricants,  and  ratings 
are  considered  suspect  if  they  differ  by  more  dan  one  load  stage  for  a  given  machine. 

The  particular  strengd  of  the  FZG  test  is  attributed  by  Olver  (1993)  to  be  de  cooling  of 
de  test  lubricant  back  to  90°C  between  each  load  stage.  This  ensures  that  each  stage  starts 
finxn  a  common  bulk  ten:Q)erature. 

1.4.3J  The  Ryder  gear  test  machine 

ASTM  D  1947,  or  de  Ryder  test  as  it  is  more  commonly  known,  is  illustrated  in  figure 
1.7.  Torque  is  introduced  into  de  four-square  arrangement  1^  applying  hydraulic 
pressure  during  running  to  produce  an  axial  load  on  the  helical  slave  gears.  Attheendof 
each  load  stage,  the  torque  is  released  when  the  test  is  interrupted  for  inspection  of  the 
teed. 

Bod  de  Erdco  &  WADD  gear  test  machines  are  similar  in  configuration  and  operation, 
and  bod  comply  wid  ASTM  D  1947-77.  The  WADD  gear  test  machine  is,  in  essence,  a 
development  of  de  Ryder.  Improvements  in  material  and  design  permit  operation  up  to 
30,000  tpm  and  370®C. 

The  test  head  is  arranged  to  use  only  500  ml  of  test  lubricant,  wid  a  separate  lulxicant 
supply  being  used  for  de  remainder  of  de  test-rig  which  is  maintained  at  74±3“C. 
However,  dere  is  no  provision  for  cooling  of  the  test  lubricant  and  despite  rapid 
recirculation  and  exposed  pipework  it  is  suggested  dat  in  practice  it  rises  well  above  74®C 
in  de  higher  load  stages  and  this  has  considerable  influence  upon  lubricant  performance. 
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Hgure  1.7  Cross  Section  of  Ryder  Gear  Test  Machine.  ASTM  n947^ 


P  Drive  Shaft 

Q  Driven  Shaft 

R  Slave  Gear 

S  Slave  Gear 

T  Test  Gear  (narrow) 

U  Test  Gear  (wide) 


V 
W 
X 

Y 
Z 


Support  oil  in 
Support  and  load  oil  in 
Support  and  load  oil  in 
Load  chamber 
Load  chamber 


Scuffing  frequently  occurs  at  a  fairly  low  load  in  the  Ryder  test  as  a  consequence  of  the 
lack  of  tooth  hunting.  The  spread  of  damage  is  more  gradual  than  in  either  the  FZG  or 
lAE  gear  test  machines,  as  illustrated  in  Figure  1.8. 
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Figure  1.8  Effect  ofTooth  Hunting.  Benzing  (1964^ 


Ryder  recognised  diat  the  frequent  occurrence  of  scuffing  under  very  low  loads  remained 
limited  to  the  tips  and  did  not  develop  until  the  later  load  stages.  In  order  to  discriminate 
lubricant  performance  he  arbitrarily  defined  the  aitaion  for  failure  as  215%  of  total  tooth 
area  scuffed,  D^ch  is  equivalent  to  two  thirds  of  the  teeth  scuffed  over  one  third  of  dieir 
woildng  area,  Ryder  (1959).  In  practice,  it  is  necessary  to  apply  load  stages  beyond  those 
required  for  Ryder’s  22.5%  criterion  to  identify  the  failure  lowl  stage  with  any  confidence. 
For  certain  active  lubricants  this  can  prejudice  subsequent  testing  on  the  reverse  side. 

Each  pair  of  gears  are  tested  on  both  flanks  as  per  the  lAE  test.  If  only  two  determinations 
are  made,  i.e.  a  single  pair  of  gears,  repeatability  stipulates  that  scuffing  loads  do  not 
differ  by  more  than  13.8  kNAn  at  95%  confidence  levels.  Whereas  if  four  determinations 
are  made  then  the  average  of  each  pair  should  not  differ  by  nxne  than  9.75  kNAn. 

Reproducibility  between  installations  specifies  diat  single  observations  taken  at  two 
positions  must  agree  within  13.8  kN/m  at  95%  confidence  levels,  whilst  the  averages 
must  agree  within  1 1.6  kNAn. 

Load  ratings  are  usually  quoted  relative  to  a  standard  reference  dl,  for  exanqrle; 
Mil-L-7808  is  rated  at  88%  of  Ref.  Oil  C  which  has  a  failure  load  of  73  kN/m  based  upon 
four  determinations. 

The  difficulties  in  meeting  these  conditions  have  been  reviewed  various  authors.  For 
example,  work  by  Kelley  (1953)  showed  that  an  increase  in  surface  roughness  of  0.25 
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microns  r.ms  can  decrease  load  canying  capacity  by  25%  and  of  only 

0.005  radians  can  decrease  the  load  canying  ctq)acity  by  35%.  Carper  (1971) 
demonstrated  that  tip  relief  of  only  10  microns,  which  is  within  die  Ryder  gear  tolerance, 
can  increase  die  load  carrying  cqiacity  by  some  50%.  More  rccendy,  Wilson  (1987) 
detailed  die  problems  experienced  by  Sier  Bath,  a  subsidiary  of  Alccr,  in  matdiing  the 
performance  of  the  original  Pratt  &  Whitney  gears  despite  close  attention  to  tderance. 


Furthermore,  analysis  of  measured  toodi  profiles  has  revealed  premature  engagement  of 
die  Ryder  teeth  under  load,  in  advance  of  conjugate  action.  This  would  account  for  the 
localised  scuffing  experienced  at  low  load  stages  and  will  affect  repeatability.  (This  is  not 
apparent  from  Figure  1.9  as  roll  angle  is  used  as  the  abscissa). 


Figure  1.9  Ryder  Toodi  Loading.  fCourtesv  of  Eaton  Transmissions  T.td^ 


24 


1.4.4  Disc  Lubricant  Testing  Machines  (Type  in  Tests) 

Although  Merritt  (1935)  is  credited*^  for  the  first  use  of  a  disc  test  machine,  in  gear 
simulation,  the  concept  had  been  around  for  several  years  in  die  form  of  the  Amsler  Hiy» 
machine^^.  In  fact  Martin  (1916)  demonstrated  an  awareness  of  the  concept,  through  the 
use  of  rigid  cylinders  to  simulate  tooth  contact,  in  his  paper  on  the  dieoty  of  involute 
gearing.  Whenever  or  whoever  first  employed  discs  for  lubricant  evaluation  the  qiproach 
remains  valid  today  and  is  cogently  summarised  by  Mansion  in  his  discussion  of  Evans’ 
(1941)  paper 


"it  is  desirable  to  test  ep  lubricants  under  something  more  approaching 
service  conditions  than  is  offered  by  most  of  the  so-called  ep  testing 
machines  (yet)  it  must  be  understood  that  the  involute  gear  in  whatever  form, 
is  recognised  to  be  far  from  ideal  as  a  test  specimen,  since,  even  by  the  most 
accurate  gear  grinding  methods  the  reproducibility  of form  falls  far  short  of 
what  can  be  achieved  on  any  type  of  circular  specimen.  There  is  also,  of 
course,  the  disadvantage  of  cost 


Disc  lubricant  testing  machines  (Type  HI  tests)  arc  a  compromise  between  simple 
geometry  testing  machines  and  gear  testing  machines,  partially  simulating  gear  contact 
Figure  1. 10  overleaf  illustrates  that  a  pair  of  discs  can  be  used  to  reproduce  contact 
ccxiditions  at  any  particular  position  of  a  gear’s  meshing  cycle. 

The  discs  must  be  rotated  at  the  same  angular  velocity  as  the  pinion  and  gear  respectively, 
and  die  disc  radii  equal  those  of  the  gear  tooth  profile  at  the  point  of  simiilated  contact 
The  relative  radius  of  curvature  of  the  two  discs  is  the  same  as  that  of  the  pinion  and  gear. 
Gear  kinematic  simulation  is  incomplete  insofar  as  ccmtact  ccaidititms  vary  Hiiring  the 
meshing  cycle  whilst  the  relative  surface  motion  of  the  discs  remain  coistant  The  main 
attributes  of  the  disc  lubricant  testing  machine  are  the  greater  control  over  operational  and 
system  parameters. 


Cameron  (1966),  Dowson  (1966)  &  Johnson  (1987) 

1®  Amsler  disc  m/c  1922  ref.  Machinery  (1948)  and  Automobile  Engineer  (1948) 
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Numerous  disc  test  machines  have  been  developed  for  research  pmposes.  The  major  disc 
machines  and  their  salient  characteristics  are  reviewed  in  Table  1.3. 


Table  1.3  Disc  Machine  Operating  Conditions 


Maehuie 

KfiL 

BqI 

£s 
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£l 
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X2 

m/s 

PVsl7 
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2.8 
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31.7 

eO^ 
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472jnm 

jet 

150 

Amsler 

O'Dono^iue 

0966) 

35.  17J 
(3.175) 

0-100 

2.4 

0-1.8 

0^.9 

1.7 

line 

jet 

see  text 

BatteUe 
Oicua(1962). 
SiWey  0961)4 
Schk)sser0963) 

76.2 

zero 

unless 

disend. 
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0.8 

0-4.8 

as  VI 

ellipse 

crown 

381mm 

dry  lub 
A/R 

1100 

Bearing  suKdator 
BeUO970) 

18 

zero 

unless 

diactal 

varied 

2.8 

0-18.9 

as  VI 

Asym. 
eO^ 
279mm.l0* 
crown,  taner 

jet 

279 

45.7. 

30.5 

00.2) 

13 

1.0 

■ 

J3V1- 

1.33V1 

24.1 

line 

«sp 

204 

63.5 

(6.35) 

0-96 

1.1 

0-33 

0.58 

13 

line 

jet 

370 

High  temp,  ep 
tester 

Hookins  0962) 

50.8 

58-100 

(4.0) 

1.25-3.7 

0-33 

9.9 

ellipse  crown 
381  or  914 
mm 

370 

Mini-disc 
Nicolson  fl988) 

19 

(.635) 

0-100 

1.2 

0-5.5 

0-5.5 

4.4 

line 

jet 

150 

AC.  Mobil 
Cameron  fl971) 

82.5 

_(6.35) 

0-98 

1.0 

0.2-21 

03-21 

14 

line 

^lash/ 

let 

150 

SAE 

VanderMinne 

0937) 

48.5. 

48.5 

02-7) 

54.21. 

91 

2.0 

5.0 

0.25. 

0.34.2 

6.7 

line 

see  text 

The  key  distinctions  between  these  disc  test  machines  and  their  ^plication  are  discussed 
below: 


Conditions  for  maximum  PVs  @  arbitrary,  notional  50%  S/R,  defined  here  as  (Vi-K2)/{V'i+V2) 
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1.4.4.1  AFAPL 


The  Air  Force  Aero  Propulsion  Laboratory  (AFAPL)  disc  machine  uses  100.2  mm 
diameter  discs  of  4724  mm  crown  radius.  Although  this  produces  an  elliptical  contact,  the 
aspect  ratio  is  sufficiently  high  as  to  j^jprmumatc  to  a  nominal  line  contact  This  rig  is 
versatile,  for  example,  both  discs  can  either  be  driven  independently  or  coupled  via  a 
toothed  belt  Carper  et  al  (1972)  and  Rao  (1981).  Ku  et  al  (1976)  and  Lane  (1979  carried 
out  extensive  parametric  testing  on  the  AFAPL  disc  nwihin^  which  has  provided 
considerable  data 

1.4.4.2  The  Amsler  disc  test  machine 

The  Amsler  disc  test  machine  has  overhung  shafts  at  52.8  mm  nominal  centres  and  driven 
diough  opposite  ends.  Discs  can  be  any  size  commensurate  with  the  centre  distance 
between  the  shafts.  Test  lubricant  is  jet  fed  at  1  cm^/sec  and  no  control  over  tcn^jcrature 

isprovided.  Whilst  there  is  no  standard  test  procedure  it  is  usual  to  run-in  at  minimum 

speed  and  load.  TcHxjue  is  measured  by  means  of  a  pendulum  device  and  wear  rate 
ascertained  either  by  weight  loss  or  reduction  in  the  outer  diameter  of  the  ring.  Discs  may 
be  re-finished  fw  re-use,  O’Donaghuc  (1966). 

1.4.4.3  Battelle 

The  Battelle  disc  machine  en^loys  adjustable  clearance  tilting  pad  journal  bearings  for 
radial  support  and  spring  loaded  single  ball  thrust  bearings  for  axial  positioning,  Wilson 
(1959),  Sibley  (1961),  Orcutt  (1962)  and  Schlosser  (1963).  The  disc  shafts  are  geared 
together  via  a  timing  belt  and  modve  power  is  provided  by  an  air  turbine.  One  bearing 
housing  is  restrained  solely  by  a  strain  gauged  cantilever  for  traction  measurements.  Film 
thickness  measurements  are  made  with  a  collimated  x-ray  ftom  cither  side  or  end 
elevations.  The  disc  enclosure  is  heated  by  radiant  heating  lamps  up  to  1 100®C  One 
quart  of  test  lubricant,  separate  ftom  the  main  oil  supply,  is  required.  Alternatively  a  solid 
lubricant  may  be  tested  using  either  air  or  inen  gas  as  a  supply  stream. 

1.4.4.4  Bearing  simulator 

Bell  (1970)  devised  a  small  disc  machine  with  independently  driven  shafts  to  simntaf.. 
high  speed  ball  bearing  kinematics.  In  common  with  many  disc  machines,  ring  discs  are 
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shrunk  onto  shafts  and  loaded  together  by  means  of  a  cantilever  beam  arrangement  A 
variety  of  heating  methods,  including  induction  beating  of  die  discs,  are  comWned  to  reach 
temperatures  of  315®C,  Parker  (1971)  and  Kannel  (1974). 

1.4.4.5  Geared  roller  tester 

Benedict  (1961)  and  Leach  (1965)  investigated  gear  fatigue  and  scufBng  using  ring 
pressed  onto  parallel  shafts  at  three  inch  centres  and  linked  by  eccentric  phasing  gears. 

Tbe  Iowa*  disc  being  dip  lubricated  supplies  the  contact  Tbe  discs  are  loaded 
pneumatically. 

1.4.4.6  Gear  roller  tester 

The  Gear  Roller  tester,  patterned  after  that  designed  Tanrft  and  Kelley  (1953),  was 
used  by  Jackson  et  al  (1960)  to  investipite  gear  scuffing  at  elevated  tenqicratures  »«ng 
2.5  inch  diameter  discs,  where  one  disc  nxated  at  a  fixed  speed  of  175  ipm  and  the  other 
at  a  variable  speed  up  to  10,000  rpm.  Electrical  beating  of  the  disc  enclosure  pre* 
heating  of  the  test  lutsicant  enabling  independent  control  over  disc  and  lubricant 
tenqicrature  up  to  370®C 

Jackson  used  a  variation  of  Kelley’s  (1953)  novel  operating  procedure  whereby  after  run- 
in,  a  load  near  the  scuffing  limit  was  applied  before  the  speed  was  then  innrased  until 
failure. 

1.4.4.7  High  temperature  E.P.  tester 

Hopkins’  (1962)  High  Temperature  ep  tester  required  a  mere  60  ml  sample  of  test 
lubricant  by  immersing  the  discs  in  a  close  fitting  heated  reservoir.  The  discs  were 
overhung  on  vertically  arranged  shafts,  one  disc  being  restrained  to  around  100  ipm  and 
the  other  driven  up  to  1400  ipm  .  Loading  was  achieved  displacing  one  of  the  drive 
shafts  so  that  it  inclined  relative  to  the  other.  The  heavily  crowned  discs  would  reduce  the 
effect  of  this  misalignment 
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1. 4.4.8  Mini-Disc 


Nicolson  (1988)  used  a  mini-disc  test  machine,  a  precursor  to  this  work,  to  rimni.t..  gear 
scuffing.  The  rod-like  specimens  had  a  thicker  central  section  which  conqjrised  a  0.75” 

disc  and  a  tang  on  die  bottom  face  mated  with  the  drive  shaft  via  an  Oldham  coupling. 

The  simpUcity  of  the  specimen  design  pennitted  close  control  over  their  manufacture. 


1.4.4.9  Imperial  /  Mobil  3.5”  hydrostotic  disc  machine 

The  Imperial/MobU  disc  machine  was  designed  by  Cameron  &  Maepherson  (1971)  to 
tackle  the  perennial  problem  of  ensuring  nominal  line  contact  between  Hiys  87.5  mm 
diameter  bearing  inner  races  were  used  as  test  specimens.  These  were  slipped  over  rigid 
fixed  mandrils  with  hydrostatic  pockets  to  both  locate  and  load  the  rings  together,  as 
shown  in  Figure  1.11. 

Torque,  inclusive  of  bearing  losses,  hydrostatic  load,  shaft  speeds,  and  temperature  were 
instrumented.  A  typical  operating  procedure  comprises  a  run-in  under  nominal  load  for  15 
minutes,  incremented  by  445N  every  five  minutes  thereafter  until  scuffing  is  itvtirai»Nf^ 

Six  litres  of  test  lubricant  are  required  for  operatkm. 

Later  versions  of  the  Imperial  /  Mobfl  hydrostatic  Disc  Machine  combined  one  of  the 
hydrostatic  pads  with  a  piston  to  increase  disc  load  to  over  IkNAn  and  rrplacfd  tpi»«h 
lubrication  of  the  contact  with  an  oil  jet 
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Eieure  1.11  Imperial  /  Mobil  Disc  Machine.  Cameron  &  MacPhersonri971) 

^HP  OIL^ 

4;  ^4. 


STABILISING  JETS  H.P  HYDROSTATIC  POCKETS 


1.4.4.10  The  Society  of  Automotive  Engineers  (SAE)  disc  test  machine 

The  SAE  disc  test  machine,  illustrated  in  Rgurc  1.12,  is  based  upon  an  earlier  design  used 
by  the  United  States  Bureau  of  Standards  according  to  Neely  (1936).  The  test  is 
exceptional  in  having  been  assigned  a  standard. 

Two  Timken  T48651  externally  re-ground  outer-raceways  employed  as  test  pieces  arc 
straddle-mounted  between  taper  roller  bearings  on  parallel  horizontal  shafts.  After  a  30 
second  run-in,  load  is  applied  automaticaDy  until  either  scuffing  is  detected  or  die 
maximum  load  of  2.7  kN  reached.  Bodi  ‘endurance’  wear  testing  and  shock  loading  at 
350  N  per  second  can  be  evaluated.  West  (1946). 
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Rgure  1.12  SAE  disc  Machine.  Van  der  Minne 


HydrauBc  couping 
y^l.750 


"X  Hydraulc  coupling 
NiiO-1.750 

Weighted  Idwr 


Some  SAE  test  machines  have  been  modified  to  include  calibrated  cd  jets  with 
Aennostatic  heating  rather  than  rely  upMi  dip  luhricatioo  to  q)lash  the  top  specimen.  ITus 
prevents  oveiheating  of  Ae  specimen  whidi  can  lead  to  material  softening. 

Considerable  care  over  finiA  (not  greater  than  025  microns  R*),  ring  concentricity 

(within  12.7  micions),  and  alignment  is  required  to  minimise  experimental  scatter.  Boner 
(1971). 
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1.5  The  implications  for  LCC  testing  with  developments  in 
transmission  lubricants  and  materials 

Previous  sections  have  outlined  the  nature  and  basis  upon  which  lubricant  load  canying 
cq}acity  is  currently  assessed.  Although  net  LCC  pofonmance  is  detennined  by  both 
material  and  lubricant  in  combination  it  is  ccxivenient  to  consider  each  separately. 

Transmission  lubricants  can  broadly  be  distinguished  between  those  fOT  niiich  LCC  is  of 
primary  concern,  such  as  certain  helicopter  main  gear  boxes,  and  those  for  which  LCC  is 
secondary  to,  say,  thomal  capacity,  for  exan^le  turbirre  power  take-offs. 

Figure  1.13  illustrates  that  turbine  lubricant  development  has  been  driven  by  the  rise  in 
ambient  operating  temperatures  for  increased  turbine  efficiency.  Although  tiiese  lubricants 
have  been  formulated  to  include  both  ep  and  anti-wear  additives  it  is  their  thermal 
petfcxmarKe  that  has  been  optimised. 


Beus  U3  Bulk  lubricant  Temperature  with  Projected  Aircraft  Sneed 


At  present  the  approach  is  to  provide  thermal  barriers  between  the  turbine  and  adjacent 
transmission  components  as  well  as  extensive  cooling.  These  incur  a  weight  penalty 
which  will  increase  if  the  rise  in  bulk  operating  temperatures  continues.  For  example,  it 
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can  be  seen  from  Figure  1.13  that  as  flight  speeds  exceed  mach  2.5  the  ram  air 
tcnqierature  exceeds  the  bulk  oil  tenperature  which  will  restrict  cooling  capacity  to  fuel 
utilisation.  This  is  of  particular  relevance  in  view  of  the  renewed  interest  in  die 
Supersonic  Transport  (SST)  program. 

Con^ared  widi  turbine  lubricant  development,  lubricant  develcqwncnt  primarily  widi 
respect  to  LX3C  is  mote  recent,  indeed  the  first  dedicated  helicopter  main  gear-box 
lubricant  specification  is  stiH  undergoing  qualification  as  Phase  n  shown  in  Rgure  1.14. 
Previously,  such  considerations  have  been  secondary  to  supply  logistics  «r>H  economics 
which  led  to  the  widespread  use  of  turbine  lubricants,  e.g.  Phase  I,  despite  excess  thermal 
capacity  at  the  cost  of  LCC. 


Figure  1.14  Helicopter  main  gearbox  lubricant  development 
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Phase  in  in  Figure  1.14  is  as  yet  only  conjecture  but  it  is  surmised  that  it  will  be  a 
common  lubricant  to  both  turbine  and  transmission,  combining  LCC  with  thermal 
performance.  With  this  in  mind  high  temperature  candidates  which  are  reviewed  with 
LCC  in  mind; 
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Figure  1.15  Candidate  lubricant  fluids  for  elevated  temperature.  Looimsri982^ 


I  tYimttic  ifrwi«CAnatt~ 

c 


Mwooisns 


wnwostucats 


c 


c-otms 


I  BtOWCmtlMlttUIC 

I  »ttTwiifrinicMo»c 

I  HUOBMAM  WXWMtS 


c 


nuoMmiiauiict 


X 


X 


X 


mMKMiuii.% 


Hindered  polyol  ester,  range  -S1‘*C  to  240°C,  a  fmnulated  versicm  of  this  based  upon 
pentaeiythiitol  aimed  at  meeting  spec.  MQ-1^27S02  exhibits  good  lubrication  ability  and 
fair  fire  resistance  however  it  requires  a  foaming  depressant  and  the  possibility  of 
extending  its  diermal  operating  range  sdll  further  is  questionable.  (Compared  with  the 
dibasic  ester  of  Phase  H,  lower  VI) 

Polyphenyl  ethers,  range  -4®C  to  288®C,  a  five  ringed  polyphenyl  ether  based  fluid, 
formulation  includes  tricresylphosphate  for  anti-wear.  Despite  both  high  temp  stability 
and  auto-ignition  temperature,  its  high  pour  point  requires  die  use  of  a  diluents  such  as 
trichloroethylene  but  it  has  been  used  successfully  in  a  military  gas  turbine. 

Fluorinated  polyethers,  range  -34°C  to  360®C,  again  demonstrate  excellent  tcnqieraturc 
stability  although  this  is  marred  by  toxicity  above  260°C  as  well  as  the  nature  of  “some 
highly  halogenated  materials  to  react  violendy  with  aluminium  and  magnesium  alloys  at 
high  shear  stresses”  Dupont  (1988),  most  aerospace  gearboxes  include  such  alloys. 

Fluoroether  triazines,  range  -30°C  to  343°C,  exhibit  excellent  stability,  non-flammable  and 
ate  good  boundary  lubricants.  They  exhibit  improved  low  temperature  properties 
ccxnpared  to  the  Polyphenyl  ethers  and  are  not  corrosive  at  high  tenqreratures.  Problems 
of  high  volatility  and  poor  fluidity  at  low  temperatures  are  being  solved  but  even  in 
quantity  production  these  fluids  will  be  so  expensive  as  to  limit  their  applicability  and  fail 
to  justify  their  development  costs. 
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Other  candidates  include;  improved  sUicones,  range  -61  “C  to  240®C,  which  despite 
outstanding  VI,  tenq)erature  coefficient  of  viscosity,  have  limited  fire  resistance  and 
boundary  lubricating  ability  and  C-ethers  (including  those  blended  with  thiophenyl 
(Usiloxanes  to  enhance  the  pour  point)  which  were  deficient  in  lubricating  ability  as  weU 
as  sludging  during  engine  tests.  Aldtough  synthetic  hydrocarbons  are  comparatively 
widely  used  and  have  exceUent  boundary  and  rheological  properties  they  have  poor  fire 
resistance  and  are  oxidatively  stable  only  to  200^  so  their  potential  is  limits  unless  used 
in  an  inert  system.  Alternative  methods  of  lubricatioo  at  elevated  temperature  also  include 
solid  and/or  dry  lubrication  and  two  phase  lubrication.  These  are  outside  the  scope  of  tiiis 

work. 

Although  transmission  tcnqreratures  have  not  risen  in  unison  with  turbine  temperatures 
this  is  largely  due  to  extensive  coding  in  the  absence  of  iransmissioo  materials  which  are 

able  to  withstand  extended  operation  above  120PC  This  approach  is  steadily  becoming 

less  tenable  as  the  weight  penalty  incurred  by  cooling  will  only  increase  as  power  ratings 
rise.  There  are  also  specific  requirements,  such  as  that  for  helicopter  main  gearboxes  to  be 
able  to  withstand  ‘once-off  excursioo*  to  300“C  in  the  event  of  lubricant  loss.  The  lack  of 
suitable  materials  has  previously  meant  providing  a  back-up  lubricant  supply  in 
combination  with  secondary  reservoirs 

The  nature  of  gear  tooth  contact  reviewed  in  5 1. 1  whereby  an  intrinsically  tough  material 
is  heat-treated  to  provide  the  requisite  surface  hardness  must  therefore  be  reconciled  with 
operation  at  elevated  temperature.  In  the  case  of  heUcopter  main  gearboxes  the  rise  in  gear 
temperature  is  envisaged  to  around  150»C  but  for  transmission  take-offs  the  aim  must  be 
taken  as  the  bulk  lubricant  temperature  insofar  as  this  would  eliminate  the  need  for  thermal 
barriers  and  extensive  cooling. 

Low  and  medium  alloy  carburising  gear  steels  such  as  S82  or  AISI 93 10  start  to  temper 
above  140  ®C  which  has  been  approached  in  two  ways;  (i)  alloying  to  reduce 
decomposition  of  martensite  for  example  CBS  600  and  (ii)  alloying  to  promote  secondary 
hardening  through  the  precipitation  of  alloy  carbides,  for  example  CBS  1000. 

Unfortunately,  although  secondary  hardening  increases  to  a  maximnTTi  around  500  ®C  this 
coincides  with  minimum  toughness. 

Davies  (1989)  reviews  two  alternatives  which  show  promise,  nitriding  and  binary 
hardening.  Nitriding  alloys  are  temper-resistant  but  tend  to  exhibit  lower  core  strength 
and  shaUowex  case  depth  than  carburising  alloys  but  a  combination  of  the  two,  hence  the 
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term  ‘binary’  achieves  adequate  case  depth,  temper  resistance,  hardness  and  residual 
stress  distribudon. 

Gear  performance  is  also  being  improved  by  smelting  refinements  such  as  vacinun  arc 
remelt  (VAR)  aiKl  manufacturing  refinements  such  as  shot-peeoing.  Inevitably  these  will 
affect  LCC  although  scuffing  resistaiKX  is  likely  to  benefit  coost  fiom  inCTyflsed  hot 
hardness. 

Gratings  are  already  extensively  used  to  promote  ruiming-in  and  combat  scuffing  in  gears, 
Woodley(1977)  and  hficbolson  (1981).  At  jnesent  these  are  either  .tacrificial  or  modify 
the  surface,  yet  potential  exists  for  hard  coatings  such  as  dtanium  nitride,  provided 
problems  regarding  finish  and  adhesicm^^  can  be  overcome. 

The  pattern  of  alloy  steel  development  for  transmissions  has  followed  that  pioneered  for 
high  tenq)erature  bearing  steels.  Altemadve  transmission  matiTiaic  to  are  likely  to  follow 
this  path  as  temperatures  continue  to  rise,  whilst  emphasising  the  need  for  toughness  and 
the  particular  requirements  of  LCC  in  resistance  to  scuffing. 


Inadequate  adhesion  can  often  be  traced  to  excessive  mismatching  of  the  modulii  and  Poissons’ 
for  the  coatii^  and  substrate. 
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Chapter  2 

Mini-Disc  Machine  Configuration  &  Design 
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2.1  Design  Objectives 


Three  specimen  configurations:  mini-disc,  spherical  roller  and  ball  were  oxisidered 
against  tiie  following  criteria  prior  to  design 

•  Contact  shape 

•  Bearing  size  &.  speed 

•  Contact  pressure 

•  Lubricantflow 

•  Temperature 

•  Environment 

The  advantages  and  disadvantages  of  each  configuration  are  shown  in  Table  2.1 

Table  2.1  Specimen  Configurations 


(a)  mini-disc 

•Line  contact  can  be  achieved. 

•Crowning  allows  elliptical 
contact 

•Drive  alignment  avoids  high 
speed  instability. 

•Non-standard  q»cimen 
geometry. 

•Relatively  high  contact  loads  and 
Tie  power  reouired. 

■III 

m 

(b)  ^erical  roller 

1 

•Elliptical  contact 

•Inherent  dynamic  stability. 

•Standard  specimen  geometry 
(though  not  yet  for  silicon 
nitride). 

•Alignment  cl  drive  for  high 
speed  eperatioa 

•Difficult  to  produce  accurately. 

(c)baU 

t 

•Inherent  dynamic  stal^ty. 

•Standaid  chesp  and  accurate 
specimens. 

•Low  contact  loads  and  power 
reejuired. 

•Coui^g  for  high  q)eedseasier 
than  either  (a)  or  (b). 

•Only  'point'  contact 

•Contact  geometry  changes  during 
running,  (extended  tests). 
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Whilst  the  ball  arrangement  would  have  been  the  least  difficult  approach  it  was  considered 
inappropriate  because  the  resulting  ‘point’  contact  changes  substantially  with  running  and 
is  umepiesentative  of  spur  tooth  contact  This  also  appUes  to  the  spherical  roDer  despite 
die  high  aspect  ratio  of  the  contact  normal  to  the  rolling  motion.  Consequently  the  disc  is 
considered  the  most  appropriate  because  of  nominal  line  contaa  yet,  if  required,  the  discs 
can  be  crowned  to  produce  an  elliptical  contact 

The  aspect  ratio  of  the  contact  becomes  progressively  lower  with  increased  inn/t,  hence 
reliance  uptm  contact  stresses  to  achieve  scuffing,  often  close  to  the  material  yield  pant  is 
a  poor  solution.  Load  carrying  capacity  needs  to  be  assessed  at  speeds  (and  temperatures) 
that  obviate  the  need  for  such  unrealistic  contact  stresses. 

In  seeking  to  meet  these  criteria  toge&cr  with  the  objectives  outlined  in  Chapter  1  it  was 

concluded  that  in  the  interests  of  both  flexibility  and  cost,  a  high  speed  and  high 

tcn^ierature  mini-disc  machine  should  be  constructed  which  would  allow  testing  as  closely 
as  possible  to  an  ideal  operating  ceiling  of  15x  10^  dN  and  400®C 

These  design  objectives  were  onerous  in  that  they  represented  a  four-fold  increase  in 
temperature  range  and  twenty-fold  increase  in  speed  over  previous  designs.  Furthermore, 
prior  wok  by  Nicolson  (1988)  under  U.S.AJF  contract  F49620-86-C-0059,  revealed  the 
difficulty  in  achieving  correlation  with  the  Ryder  test  which  itself  exhibits  poor 
rqreatability. 

This  chapter  outlines  the  configuration  and  design  of  the  mini-disc  machine  to  correlate 
with  the  Ryder  meshing  cycle  and  encompass  future  requirements  for  load  carrying 
capacity  testing. 
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2.2  Ryder  Gear  Contact  Parameters 

Using  a  finite  element  ccmtaa  mcxlel  to  simulate  the  Ryder  gear  contact  cycle,  measured 
tooth  profiles  under  realistic  bending  have  been  compared  with  ‘ideal’  involute  teeth  in 
Table  2.2.  No  allowance  has  been  made  for  either  tooth  bending  or  pn^e  deviation  and 
ctmtact  stresses  are  based  upon  smooth  equivalent  cylinders  with  no  regard  for  tip  effects. 

Table  2.2  Ryder  Parameters 


LPC 

‘ideal* 

22.5% 

JdsaL 

PITCH 

22.5% 

‘ideal* 

HPC 

‘kfcal’ 

‘■deal’ 

POINT 

roll 

angte” 

13.69 

14.90 

16  J1 

18.99 

20.90 

22.50 

25.83 

26J0 

31.80 

32.59 

33.38 

rl,  nun 

10 

11 

12 

14 

15 

16 

19 

19 

23 

23 

24 

r2,  mm 

24 

23 

22 

19 

18 

16 

15 

11 

11 

10 

reLnd. 

mm 

■SB 

8.2 

8.4 

8.5 

8.4 

8.4 

mm 

73 

7.1 

S/R 

-42% 

■37% 

•30% 

•20% 

•12% 

-5% 

9% 

12% 

34% 

37% 

41% 

Vi,  m/s 

•13.08 

•13.26 

•10.84 

•7.12 

-4.25 

00 

• 

3.15 

4.15 

12.11 

1339 

14.48 

LoadLN 

381 

1202 

1424 

3000 

3000 

3000 

3000 

1348 

1202 

381 

Hertz 

GPa 

0.44 

0.76 

0.81 

1.14 

1.12 

1.12 

1.12 

1.12 

0.79 

0.76 

0.44 

6.62 

10.08 

8.74 

8.10 

4.78 

2.07 

3.52 

4.66 

9.62 

10.11 

630 

notes 


(i)  .  _ ^ _ ^ _ _ _ _ _ 

to  loaded  tooth  profile,  ‘ideal’  negdects  both  ux^  bending  and  pro^  variation  from  ideal  involuto. 

(ii)  Rao  (1981)  quotes  maximum  average  Henzian  stress  fix’  Ryder  of  1.0  GPa. 

(iii) Thcre  is,  strictly,  zero  load  at  the  Highest  or  Lowest  Point  of  Contact,  the  figure  used  for  the 

loaded,  measured  profile  is  that  node  nearest,  in  order  to  provide  a  value  for  PV, _ 


Tabic  2.2  highlights  the  difficulty  in  reproducing  the  Ryder  contact  conditions.  For 


example  a  slideAoU  ratio  (S/R)  of  37%  was  used  in  the  preliminary  woik  by  Nicolstn 
(1988)  as  representing  the  position  of  maximum  PVg  (LPC  &  HPC  ‘ideal’)  where  the 
discs  were  driven  at  fixed  speeds.  However,  as  Table  2.2  illustrates,  this  varies  when 
actual  loaded  gear  profiles  are  considered,  and  makes  the  choice  of  a  single  set  of  contact 
conditions  upon  which  to  base  simulation  somewhat  arbitrary.  Equally,  Ryder’s  failure 
criterion  of  22.5%  tooth  area  scuffed  does  not  provide  a  precise  and  therefore  convenient 
meshing  point^^. 


Both  the  HPSTC  and  the  HPC,  are  commonly  used  as  datums  for  simulation.  The  actual  location  of 
scuffing  onset  is  affected  by  profile  modification,  t^  relief,  tooth  section  and  pressure  angi»» 
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2.2.1  Ryder  Simulation 


It  is  apparent  from  the  discussion  of  Ryder  paranaeters  that  these  are  less  tightly  defined 
than  might  be  first  oonstnicd.  Olver  (1991)  deooonstratcd  that  scuffing  performance  is 
strongly  influenced  by  disc  geometry,  speed  and  load.  These  aspects  are  coosideted 
insofar  they  might  best  be  arranged  to  achieve  rimilar  scuffing  performance  to  that 
e}q>erienced  with  the  Ryder  test 

Hgure  2.1  illustrates  that  if  PVj  for  a  19mm  (3/4”)  diam^w  disc  tnarhin#  js  matrKfy] 
against  the  last  part  of  the  tooth  to  be  scuffed,  namely  8.74  GWns®,  the  load  required 
diminishes  with  sliding  speed. 

Figure  2. 1  E>isc. Sliding  Velocity  versus  Load  for  Constant  PV5 


Load,  N 


The  locadoo  of  the  tails  of  the  22.5%  scuff  were  calculated  theoretically  by  assuming  that  scuffing 
progressed  at  unequal  rates  from  root  and  tip  thereby  reaching  the  pitch  line  simultaneously.  However,  the 
analysis  has  produced  two  different  values  of  PV,  corresponding  to  upper  and  lower  scufBng  botmdaries. 
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The  applied  load,  and  in  turn  load  capacity  needed  for  the  supporting  bearings,  varies 
according  to  the  track  width  chosen,  ft  is  evident,  however,  diat  a  load  capacity  in  wreess 
of  200N  is  required  which  would  entail  speeds  in  excess  of  40,000  rpm  if  the  disc 
entrainment  velocity  is  matched  to  that  of  the  Ryder  contact  ft  should  also  be  noted  that 

die  use  of  3/4”  diameter  discs  does  not  match  the  precise  relative  radii  at  any  point  of  the 

Ryder  tooth  contact  This  reduces  die  theoretical  smooth  contact  width  by  tqiproximately 
25%,  but  as  a  roughness  in  the  order  of  Ipm  rms,  at  typical  scuffing  would 
increase  the  contact  width  by  about  25%.  it  is  not  thou^t  to  be  significant 

PVj  is  only  one  mediod  of  comparison,  scuffing  severity  is  frequendy  assessed  ii«ng 
critical  temperature  criterion  which  suggests  that  total  contact  tenqierature  should  be 
contrived  to  be  the  same  for  both  disc  and  Ryder  to  f.nhflnri».  correlation. 

The  Ryder  gears  were  assessed  using  a  model  written  by  Olver  (1993).  Diver’s  model  is 
an  extension  of  the  principles  be  reported  in  1991  to  explain  scuffing  in  different  ciy^nt 
disc  machines.  In  essence,  it  is  a  thermal  feedback  model  where  die  heat  oqiacity  and  heat 
transfer  characteristics  of  a  particular  system  and  its  geometry  can  be  accommodated  along 
widi  the  more  conventional  lubricant  properties  and  contact  parameters  to 
determine  steady-state  film  properties. 


Eeiffg  2.2  Thermal  Behaviour  of  the  Ryder  Test  accordine  to  Diver’s  Model  f  IQyt’l 
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The  results  illustrated  in  Rgure  2.2  must  be  qualified  as  the  thermal  coefficients  and 

surface  area  of  the  test  head  were  estiinated.  TTic  predicted  11.4»C  rise  per  380N  load 

stage  fortuitously  agrees  with  that  measured  by  Benedict  (1968)  of  12«C  Hgure  2.2 
illustrates  that  for  a  reference  oU  failure  load  of  2200  Ibfin,  conesponding  to  a  load  of 

2260N,  the  nKxlel  predicts  a  flash  temperature,  Tf  of  45®C  and  bulk  temperature,  T»  of 
125®C  where 


(13) 


whereT^  &  Tp  are  gear  and  pinion  temperature  respectively 

It  is  this  particular  condition  for  which  simulation  has  been  sought,  using  19mm  (3/4”) 
discs  rotating  at  speeds  vj  &  V2  equivalent  to  the  Ryder  HPSTC 


Egure  2.3  Thermal  Bchavioin-  of  Mim-Pisc  according  m  Q|ver\  MnHH  (^00^) 
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Figure  2.3  indicates  that  ATb  and  AT^  are  matched  by  using  disc  track  widths  of 
approximately  4mm  and  2950N.  For  a  wider  track  width  the  bulk  temperature  is  of 
greater  importance,  conversely  for  the  narrower  track  the  flash  temperature  is  of  over¬ 
riding  importance.  It  should  be  stressed  that  this  approach  attempts  to  map  only  one 
failure  condition,  thus  for  a  different  reference  oU  and  hence  faUure  load  one  would 
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anticipate  a  different  optimum  track  width.  EquaUy,  it  may  be  purported  that  the  contact 
point  simulated  should  not  be  the  HPSTC  but  the  ‘tail’  of  the  22J%  scuffed  area  as  used 
in  replicating  load  intensity. 

The  effectof  increased  speed  upon  scuffing,  as  predicted  by  Giver’s  model  is  shown  in 
Hgure  2.4.  The  onset,  as  determined  by  the  coefficient  of  fiictimi,  occurs  earlier  at  hi^ 
speed  but  the  rate,  is  lower. 


Rgure2.4  Predicted  Effect  of  Sneed  upon  Disc  Scuffiny 


The  traction  model  used  by  Giver  is  based  upon  that  of  Bair  (1982)21  where  is 
proportional  to  temperature  subject  to  limiting  shear  stress. 

Within  die  model: 

hence  if  /x  initially  falls  with  speed,  as  shown  in  Figure  2.4,  Tf  need  not  necessarily  rise 
with  increasing  speed.  However,  the  heat  generated: 

Qoc^xv  (15) 

hence  Q  could  still  be  rising.  Meanwhile  the  model  heat  transfer  coefficient,  upon  which 
heat  dissipation  depends,  will  also  rise  with  speed: 


21  Surface  roughness  and  lubricant  strongly  influence  the  model,  the  roughness  used  was  that  of  run-in 
Ryder  gears  whilst  the  lubricant  was  an  ester  correqxnding  to  the  reference  oiL 
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A  «  Vv 


(16) 

It  should  be  noted  that  the  entrainment  velocities  are  high,  6m/s  rising  to  90m/s.  The  less 
rapid  scuff  at  higher  speeds  may  be  explained  by  conventional  ehl  theoiy ;  if  there  is 

sufficient  film  to  separate  the  surfaces  then  it  will  be  due  to  the  speed  rather  than  viscosity 
«4iich  win  be  extremely  low.  Any  further  increase  in  temperature  with  increasing  load 
win  have  relatively  little  effect  vqxxi  viscosity  and  hence  feed  twjf  in  reduced  film 
thickness. 

SuperficiaUy  cither  the  load  intensity  or  critical  tenqjerature  criteria  are  tqjplkable  but  in 
practice  the  onset  (rf  scuffing  is  affected  by  additional  parameters.  Additive  response,  for 
example,  is  not  incorporated  into  the  critical  tenqjerature  hypothesis. 

No  attenqjt  has  been  made  to  replicate  the  relative  contact  whereby  gross  conformity  nright 
become  significant,  Sayles  et  al  (1981)  and  Archard  (1973).  Furthermore  no  attempt  has 
been  made  to  simulate  the  transient  nature  of  the  contact  cycle  but,  “the  desire  for 
ctHielation  with  Ac  Ryder  must  be  set  against  the  inherently  poor  rqjcatability  of  the  gear 
test”. 
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2.3  Bearing  Simulation  Using  Discs 


The  primary  objective  of  simulating  gear  scuffing  has  already  been  discussed  although  this 
is  not  to  disregard  possible  bearing  simuladoo.  The  dN  rating  illustrated  in  Hgure  US, 
despite  wide  usage,  fails  to  take  proper  account  of  size  and  centrifugal  effects. 

Nonetheless  it  provides  an  indicatkm  of  both  the  present  envelope  and  future  test 
requirements. 


10  100 
bearing  bore,  mm 

At  high  speed  the  centrifugal  force  expoienced  by  the  roUing  elements  leads  to  outer  race 
c<»itrol.  In  essence  the  inner  and  outer  contact  angles  are  no  longer  equal  and  significant 
slip  occurs  at  the  iimerrace.  It  will  be  apparent  that  as  the  inner  race  contact  is  elliptical  it 
would  be  necessary  to  crown  the  discs  to  achieve  a  contact  of  similar  aspect  ratio,  and 
cone  the  discs  for  asymmetry.  From  BeU  (1970)  these  parameters  are  envisaged  to  be; 

10”  (250mm)  crown,  10“  cone  taper  and  22001bf  (lOJcN)  applied  load  at  10,000  tpm.  The 
rig  should  cater  for  axial  load  caused  by  the  disc  taper. 
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2.4  Testing  Costs 

The  simpUdty  aiul  size  of  the  specimen  minimises  sample  costs  ^ 

manufacture  in  a  wide  variety  of  materials  and  TTicse  factors  are  likely  to  become 

even  more  significant  in  future,  however,  a  major  component  of  load  canying  capacity 

testing  costs  are  rdated  to  manpower  and  the  extent  of  testing  necessaiy  to  achieve 

acceptable  repeatability,  Rgure  2.6  is  an  estinMUe  of  the  testing  costs  incuned  for  eight 

Ryder  and  mini-disc  detenmnadoos. 

Rao  (1981)  postulated  disc  repeatability  would  be  such  as  to  reduce  the  number  of 
determinations  for  qualification  testing  to  just  three,  instead  of  eight  as  required  by  the 

Ryder.  If  so,  and  this  can  only  be  borne  out  by  experience,  then  the  cost  benefits  of  the 
mini-disc  would  be  substantial. 

Where  exotic  or  novel  materials  are  concerned,  assuming  such  materials  can  be  procured 

m  a  form  suitable  for  gear  manufacture,  cost  benefits  arc  likely  to  be  even  mere  marked. 


Fisurg  2i6  Mini-disc  versus  Ryder  testing  cr>sT,<} 


$6000  -1 


$4000 


$2000 H 


Ryder 


$5828 


$3886 


Ryder  costs  based  upon  1980  A.F. 
estimates  for  8  determinations 
rebased  1994 


Specimen  cost 


Cl..  '  !  Operator  time 


Mini-disc 


$  ?  see  text 


$320 


No  allowance  for  specimen  recycling  has  been  included  because  of  the  disadvantage 
meurred  by  reduced  disc  diameter,  however  recycling  may  become  viable  for  exotic 
Mtcrials  such  as  silicon  nitride  which  at  present,  under  limited  order  quantity,  cost  around 
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2.5  General  Arrangement  of  Mini-Disc  Test  Rig 

Preceding  sections  confinn  both  the  feasibility  and  attractions  of  using  moderately  narrow 
track,  small  diameter  discs  driven  at  high  speed.  This  section  presents  an  overview  of  die 
mini-disc  and  general  arrangement,  followed  by  a  detailed  descr^tion  of  the  princ^ 
elemoits.  Figure  2.7  illustrates  the  mini-disc  specimen. 

Heme  2.7  Mini-Disc  Specimen 


(I^. 


0  7fifln  +*0000 

W./KJO.oooS 


4.000 
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DBe  Revisedmini-ditcipecimen  detail 

Dnwing  Ne:  * 

liu:  3 

Snk:  Full 

Dk  29/1/94 

htomd:  AMS6260,M50 

■  111"  . 

-I  -  ■•■i— 

1  400 

'*^^-.002 


1.400 


1 .  May  not  bo  noeossary  to  grind  tang  alter  heat-natment  provided  that 
tolerances  are  met. 

2.  Material  AMS  6260  or  as  required,  MSO.Si  Mete 

3.  Heat  treatment  AMS  6260:  Case  .025’-.040'.8t-44R  A.core 

Chamfer  to  leave  3S-40R  e 

4.  Grind  dlanneters  to  16*25  miero-lnehes  rms  axial,  5*6  radial, 
centres  leR  In  either  end  acceptable  but  shouhAVI  exceed  .  125  ”  dia. 

5.  Unless  othenvise  noted  round  edges  to  .005V015* 

Dimen!q{mA: 

AMS6260. 85  off  @  3/8” 

AM56260, 85  off  @  3/16” 

AM56260, 30  off  @3/32” 

M50,40off@3/8" 

M50, 40off@3/16” 

M50. 20  off  @3/32” 


For  any  given  pair  of  specimens,  one  has  a  wider  track  to  reduce  end  effects.  The  disc 
specimens  are  driven  via  opposite  ends  whilst  supported  by  hybrid  bearings  as  shown  in 
Figure  2.8  and  Figure  2.9  overleaf.  These  are  mounted  in  a  hinged  ‘nut-cracker’  which 
enables  the  two  discs  to  be  loaded  and  provides  ready  access  to  replace  the  specimens. 
Heated  test  fluid  is  fed  to  the  hybrid  bearing  pads  and  the  contact  by  a  precision  gear  punq) 
which  is  located  directly  beneath  the  test  enclosure.  The  test  enclosure  forming  the  sump. 
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2.5.1  Drive-train 


The  layout  of  the  drive-train  is  shown  in  Figure  2.9 ,  with  that  of  the  bobbin  housing  in 
Hgure  2.18  in  S  2.5.3. 


Figure  2.9  Schematic  of  Drive-tmin 


Ratio's  illustrated  are  those  for 
37%  S/R,  atternative.48:36 
gearing  for  1 9%  S/R. 


3.375:1 
flat  belt 

layshaft  B 


-fTl - layshaft  A 


2.75:1 

POLY-V 

belt 


For  simplicity  a  single,  variable  speed  drive  motor  has  been  used  in  a  four-square 
arrangement  so  that  the  power  required  is  merely  that  absorbed  in  the  disc  contact  and 
bearings.  Layshaft  ‘A’  is  driven  via  upofy-v  belt  and  layshaft,  ‘B’,  coupled  to  ‘A’  via  a 
pair  of  unequal  helical  gears  to  reverse  die  relative  rotation^^. 

As  rotational  speeds  up  to  100,000  rpm  were  envisaged,  a  high  final  drive  ratio  has  been 
used  in  combination  with  a  minimal  driven  pulley  diameter  using  flat  belts.  These  transmit 
adequate  power  at  more  conventional  speeds  together  with  the  ability  to  cope  with  the  high 
speed  and  small  bend  radius.  The  belts  specified  comprise  woven  polyester  impregnated 
with  neoprene.  The  flat  belts  drive  the  bobbin  ^lindles  which  are  mounted  between  pre- 
loaded  deep-groove  bearings  pre-tested  to  90,000  rpm. 


^  It  is  recognised  that  vibration  can  affect  scuffing  ft  Ctfigue  peifonnance.  Smith  ft  Macpherson  (1978), 
but  meshing  fieqoencies  of  the  layshaft  gears  aie  outside  those  considered  critical. 
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Distinctioa  needs  to  be  drawn  between  the  onset  of  catastrophic  scuffing  and  partini 
seizure  followed  Iqr  recovery.  This  is  done  by  denoting  a  limiting  coefficient  of  fiicdon  in 
the  disc  contact  at  which  the  transmission  is  rated,  /r = 0.2,  aiul  accepting  significant  slip 
thereafter.  The  extent  of  slip  is  monitored  via  specimen  q)eeds  as  detailed  in  §  2J.5. 
Tension  is  critical  with  flat  belts.  The  «rtire  layshaft  assonbly  is  keyed  peqwndicular  to 
the  driveline  axes  and  layshaft  ‘B*  can  be  rotated  around  ‘A’  which  enables  each  belt  to  be 
tensioned  individually.  Tension  is  applied  by  a  strain  ganged  candkver  after  it  was 
discovered  that  measuring  lateral  deflection  of  die  belts  was  inadequate. 

The  bobtnn  spindle  ends  have  been  machined  to  provide  a  tang  to  drive  each  specimen  via 
an  Oldham  coupling.  Initial  attenqits  to  avoid  the  need  for  a  ‘floating’  coiqiling  by  driving 
the  specimen  direcdy,  using  two  shear  pins,  did  not  meet  with  success  and  caused 
excessive  labyrinth  wear  described  in  $  2.5.3. 

^di  die  aim  of  ensuring  each  drive  spindle  remained  concentric  with  its  respective  disc 
axis,  the  bobbin  housings  were  initially  attached  to  each  jaw  of  die  ‘nut-cracker’ 

However,  in  practice  this  was  not  found  to  be  sufficiendy  rigid.  Instead  the  discs  were 
loaded  statically  in  die  ‘nut-cracker’  adiich  was  shimmed  appropriately  to  allow  for 
running  clearance,  and  the  drive  cotiqxHieots  aligned  widi  the  disc  axes  before  being 
rigidly  clanqied. 


2.5.2  Support  and  Loading  of  Discs 

Mounting  the  specimens  in  an  overhung  arrangement,  as  used  by  Bell  (1970)  amongst 
others,  was  considered  in^qiproiniate  because  die  specimens  needed  to  be  ground  on  their 
respective  drive  shafts  to  ensure  concentricity.  This  would  largely  nullify  the  advantages 
of  the  mini-disc  simplicity  and  prove  less  condusive  to  even  loading  of  die  contact  The 
rod  shape  and  independent  support  of  the  mini-disc  is  designed  to  avoid  this  problem. 
Whilst  this  geometry  would  be  maintained  it  was  prqxised  that  gas  be  used  as  die  means 
of  support  instead  of  hydrostatic  journal  bearings  used  previously. 


^  Ref.  ciict  ipt  FY14SS-87-03006/Di.  1st  yr  ’Dev.  of  high  ^leed,  high  temperature  mini-disc  m/c' 
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2.5.2. 1  Gas  bearings 


The  benefit  of  gas  lubricadoo  is  that  bearing  perfoimance  is  largely  independent  of 
temperature^,  test  lubricant  and  speed.  Use  of  gas  would  also  permit  more  effective 
contixd  over  lubricant  feed  to  the  contact,  including  the  extent  of  lubricant  starvation  which 
is  of  particular  intoest  Furthermore,  the  gas  may  be  used  to  control  the  environment 
surrounding  die  discs,  providing  an  atmospheric  blanket  Despite  a  low  specific  load 
edacity,  which  invariably  means  that  clearances  are  significandy  less  than  liquid 
lubricated  bearings^  frictional  losses  are  extremely  low.  This  is  desirable  when 
measuring  traction  coefficients. 

GxisideraUe  efftxt  was  expended  in  attempting  to  achieve  sufficient  load  capacity  using 
hybrid  gas  bearings.  One  version  is  illostrated  in  Figure  2.10.  Despite  the  attractions  of 
using  gas  it  did  not  prove  possible  to  ardueve  adequate  load  capacity  without  resorting  to 
excessive  flowrates.  It  was  concluded  that  although  this  approach  was  theoretically 
feasible  using  a  hybrid  tilting  pad  arrangement  and  given  sufficiendy  stringent  tolerances, 
the  margin  was  inadequate  when  differential  eiqiansion  between  the  discs  and  pads, 
transient  loads  and  debris  were  included.  Consequently  the  test  fluid  would  have  to  be 
used  for  disc  support 


HgurellO  Gas  Bearing 


^  In  contrast  to  liquids,  air  or  nitrogen  increase  in  viscosity  of  the  order  of  200%  between  20-400*Xl 
^  Journal  bearing  firiction  <>«  H/  c,  (laminar  flow  for  agiven  geometry  &.  speed)  whereas  load  capacity  « 
n  /c  2  hence  for  siinilar  spec,  load,  if  ti^  100  •  then  10  •  c=clcarance,  jj=viscosity. 
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2.S.2.2  Hybrid  tilting  padi 

Figure  2.1 1  illustrates  the  hydrostatic  pad  developed  by  Olver  (1991)  fitxn  Macpheisoa’s 
(1972)  original  design.  Mini-discs  stqjported  in  this  way  have  been  run  successfully  at 
PV(  of  13.3  GNAm  testing  formulated  lubricants  at  125**C  This  arrangemoit  provides 
ease  of  loading  via  contixd  of  the  supply  pressure,  Pg.  together  with  disc  self-alignment 
Furthermore,  if  a  fixed  displacement  pump  is  used  in  conjunction  widi  a  pressure  relirf 
valve,  die  pad  film  thickness  is  largely  independent  oi  the  applied  load,  given  diat  die 
pun^  delivery  is  sufficient  and  both  thermal  and  dynamic  effects  are  ignored. 

Figure.  2.1 1  Hvdrostadc  Pad  widi  Integral  Piston. 


piston  area 

Pr 

OC  •— 

pad  effective  area 

Ps 

clearance  & 
stiffness 

orifice  dia. 

(neglecting  thermal  effects) 

However,  the  performance  of  a  prototype  based  upon  this  design  was  not  satisfactory, 
confirming  the  previous  mini-disc  experience  when  running  fluids  of  low  viscosity. 
Moreover,  at  high  speeds  recessed  hydrostatic  pads  bectxne  markedly  less  effective, 
Mcrfisin  (1981),  and  significant  eccentricity  occurs  between  the  drive  and  disc  axes  due  to 
dynamics.  In  order  to  satisfy  the  wide  range  of  fluid  viscosity,  disc  speed  and 
temperature,  hybrid  tilting  pads  were  pressed. 

The  plain  tilting  pad  invented  by  Michell  in  (1905)  became  synonymous  with  thrust 
applications  but  he  recognised  their  equal  potential  as  journal  bearings  proposing  the 
segmented  multi-pad  arrangement  illustrated  in  Hgure  2. 12  (a).  For  the  wide  operating 
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range  envisaged  a  hybrid  variant  cf  Michell’s  tilting  pad  bearing  would  be  necessary  as 
illustrated  in  Figure  2.12(b). 


lubricant  feed  through  pivot  centres 


(s)  (b) 

Design  optimisation  of  hybrid  bearings  is  not  straight  forward,  for  example,  optimising 

static  load  ciq)acity  at  minimum  power  requires  that  the  ratio  of  frictional  losses  to 

pumping  power,  should  lie  between  1  and  3  whilst  the  optimum  recess  W’^rion  is  at 
quarter  station^.  Simultaneously,  as  load  ciqjacity  is  a  function  of  the  recess  area,  tins 
should  be  maximised  commensurate  witii  maintaining  atVqnat^  dii  width  to  prevent 
excessive  flow.  These  objectives  must,  however,  be  reconciled  with  dynamic 
optimisation  for  which  no  recesses  are  prefened  and  the  optimum  value  of  AT  lies  between 
3  and  12,  Koshal  (1981).  Table  2.3  highlights  this  quandary. 


^  alL  =  0.25,  as  shown  in  I^gure  2,16 

K  =  'i-6  where  max  temperature  rise  is  important.  3-12  for  maximum  tolerance  band. 
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In  designing  a  hybrid  bearing  it  is  usual  to  specify  dynamic  load  and  diameter,  assume  a 
length  to  diameter  ratio  and  power  ratio,  K,  in  order  to  determine  the  supply  pressure^. 
After  confirmation  that  this  is  sufficient  to  suppcxt  the  static  load,  a  numerical  solution  is 
used  to  determine  the  operating  clearance  according  to  die  fluid  viscosity  before  verifying 
the  flowrate  and  sdffiiess.  In  die  event  diat  one  oi  these  parameters  is  inappropriate  eidier 
for  manufacture  or  performance,  then  &st  die  clearance  and  subsequendy  the  supply 
pressure  must  be  altered  and  the  process  repeated.  Equally,  a  different  viscosity  may  be 
considered.  However,  this  may  affect  the  teoqiexatnre  rise  eiqierienced  by  lubricant 
passing  through  the  bearing  and  in  turn  affect  sdSoess  where  orifices  are  used,  Rowe 
(1983). 

In  order  to  assess  performance  and  optimise  the  hybrid  bearing  design  a  program  was 
written,  based  upon  that  of  Spikes  (1983)  incorporating  bodi  tilt  and  hydrostatic  jacldng. 
A  finite  difference  method  outlined  in  Hgure  2.13  overleaf  was  used  to  solve  Reyndds’ 
equation  for  the  pad  pressure  field.  This  provided  the  design  illustrated  in  Figure  2.15, 
the  performance  of  which  is  presented  in  Figure  2.14.  Attenti(»i  is  drawn  to  both  the  large 
UD  as  well  as  the  shallow  recesses.  The  unusually  large  recesses  are  due  to  die  pivot 
redesign,  whereby  the  projected  pivot  area  must  be  less  than  that  of  the  recesses  to  ensure 
tile  pad  functions  correctly  at  start>up.  Expediency  dictated  an  isoviscous  approach 
without  allowance  for  local  variation  in  viscosity,  hence  there  is  an  over-estimate  of 
bearing  performance  at  high  speeds  where  there  is  the  ^iparent  margin  in  load  ctqiacity. 

The  program  was  also  used  to  assess  the  effect  of  manufacturing  inaccuracy  upon 
performance  such  as  that  of  incorrect  recess  locaticui. 


^  Optimum  load  capacity  is  achieved  for  0.4<P|/P5<0.7 
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2.S.2.3  Pivot  design 

The  pivot  design  was  reassessed  after  the  tungsten  carbide  pivots  shattered  during 
operation. 

Figure  2.16  Final  (a)  and  Prototype  fb)  Hybrid  Pad 
Sectioned  at  Middle  Station 


b  e  9 


^  (ft  9 

7i  II  II 


In  modifying  the  design,  see  Figure  2.16,  the  tungsten  carbide  balls  were  replaced  with 
440C  ‘mushrocHns’  and  the  pad  material  altered  to  Deva ,  a  proprietary,  sintered  material 
composed  of  nickel  and  graphite.  This  softer  pad  material  was  necessary  to  ensure  die 
counter-bore  in  the  pad  would  still  yield  to  {oovide  a  ctxiformal  seal  with  the  pivot  despite 
the  increased  ball  diameter.  Deva  also  offered  markedly  superior  dry  sliding  properties 
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for  the  journal  face  in  Ac  event  of  over-load.  However,  in  consequence  of  this 
modification,  the  pads  could  no  longer  be  held  onto  their  pivots  in  a  manner  aldn  to  iDzus 
fastener.  Instead,  fine  gauge  wire  links  Ac  pads  together,  providing  a  cradle  to  retain  Ae 
pads  when  changing  specimens.  It  is  suggested  that  a  meAod  of  individually  attaching  the 
pads  loosely  to  their  pivots  is  incorporated  mto  Ac  design. 

2.5.2.4  Test  head  lubrication 

The  desire  to  use  gas  fen-  suppoting  the  discs  without  resorting  to  use  of  the  test  fluid  was 
attempted  partly  because  of  anticipated  limited  fluid  availability  and  difficulty  m  specifying 
a  suitable  punq).  One-shot  lubrication  was  imixactical  whilst  any  purrq>  would  have  to 
cope  wiA  Ae  range  of  temperature,  exotic  nature  of  Ac  proposed  fluids  and  delivery. 

Entrapped  gases  and  debris  bode  ill  for  rapid  recirculation  implicit  wiA  the  small  test  fluid 
volume. 

After  due  consideration  a  compact  chemical  gear  pump  was  specified.  Manufactured  out 
of  stainless  steel®  and  rated  to  cope  wiA  Ac  range  of  viscosity  and  tenqieratuie.  The 
puny’s  performance  was  reliant  lyoo  tight  clearances  so  thermal  gradients  had  to  be 

avoided.  TTic  pump  was  riKidified  WiA  cross-drillings  to  accept  cartridge  heater 

bearings  replaced  wiA  plain  carbon  bushes. 

Test  lubricant  is  fed  to  a  nozzle  direaed  mto  Ae  disc  entrainment,  alAough  alternative 
locations  can  be  readily  implemented 

2.5.2.5  Ancillary  lubrication 

The  drive-bobbm  spindles  and  Uyshaft  gears  are  lubricated  separately  ftom  Ac  test-head 
by  an  oil  mist  This  is  fed  to  nozzles,  located  adjacent  to  Ac  bearing  and  layshaft  gear 
entrainment,  which  force  Ae  mist  to  coalesce  and  lubricate.  It  is  necessary  to  ensure  that 
Ac  mist  is  prevented  fiom  encroaching  Ae  test  enclosure  and  contaminating  the  test 
lubricant  Consumption  is  regulated  by  the  air  flow  and  Ae  mixture  by  a  needle-valve. 


®  The  additional  cost  &  complexity  of  manufacturing  both  the  pump  and  test  enclosure  out  of  Hastelloy 
was  not  warranted  as  conosive  fluid  candidates  would  be  of  Kmiicd  interest 
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2.5.3  Sealing 


The  design  of  the  seals  changed  during  the  course  of  test  rig  develoinnent  Initial  use  of 
gas  hybrid  bearings  entailed  the  use  a  labyrinth  sealing  arrangement 

Hie  labyrinth  seal  interposes  a  ‘tcvtuous  flow  path  between  high  and  low  pressure  iegi(ms 
by  nvjfx  of  a  series  of  ncMi-contacting  restrictors  and  separating  chambers’.  The  function 
(tf  the  restrictors  is  to  convert  die  pressure  head  into  kinetic  oiergy  which  is  then 
dissipate^  throughout  the  chambers.  They  are  particularly  suitable  for  high  terrqierature 
sovice  aldiough  by  conqiarison  widi  face  seals,  leakage  rates  are  generally  greater. 

Labyrindi  design  is  a  coir^iTomise  between  maximising  the  number  of  dirottlings  per  unit 
length  and  minimising  the  kinetic  carry-over  with  an  adequate  pitch.  No  allowance  is 
necessary  for  rotatitxial  effects  at  the  qieeds  envisaged. 

The  most  widespread  method  of  analysis  follows  that  of  Martin  (1908)  which  calculates 
the  i<‘^ifagn  by  considering  the  restrictors  as  a  series  of  annular  orifices. 


fen*  which  the  mass  flow  per  unit  area  is: 

r  ^ 


w 

A 


IK 
Iv  g 


xPxF^xK 


where  the  labyrinth  factor. 


1-1 


N-ln 


Es. 

VPoJ 


where: 

A  =  annulus  area 
g  =  gravitational  constant 

Fco  =  kinetic  carry-over,  enqiirical  functioi  of  geometry 


(17) 


(18) 
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K  =  average  flow  coefficient 
N  =  number  of  restrictions 
Po  -  upstream  pressure 
Pn  s  downstream  pressure 
Universal  gas  constant 
To  -  Absolute  temperature 
w  =  mass  flowrate. 

The  schematic  in  Hgure  2.17  is  based  upon  die  formalised  mediod  of  General  Electric’s 
Fluid  Flow  Division  (1973)^,  showing  two  back-to-back  labyiindis  incorporatmg  a 
buffer  gas.  The  test  enclosure  is  maintained  at  a  jnessure  sli^dy  above  ambient,  which 
allows  the  exhaust  to  be  scrubbed  via  a  single  tn^. 


Figure  2. 17  Schematic  of  Labyrinth  Seal 
U - s - J 


Shaft  dia.,  D 


^  This  is  an  empirical  modificatioa  to  Martin’s  (1908)  method  to  include  kinetic  carry-over, 
Vennes(1961),  and  annulus  perfomumce.  Bell  (1957). 
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Figure  2,18  shows  the  design  of  the  labyrinth  used. 


Figure  2.18  Design  of  Labvrindi  Seal. 


Wear  between  the  drive  shaft  and  journal  due  to  naovemoit  of  the  shaft  led  to  excessive 
leakage.  However,  before  rectificaticai  could  be  sought  the  hybrid  gas  bearings  were 
disbanded  in  favour  of  using  hybrid  tilting  pads.  Consequently  lip  seals  were  fitted  which 
permitted  the  bobbin  housing  to  be  mounted  closer  to  the  specimen,  thereby  reducing  the 
overhang.  Fot  elevated  temperature  operation,  these  will  have  to  be  replaced  with  suitable 
face  seals. 
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2.5.4  Heating 


One  of  the  implicadons  of  limited  test  fluid  volume  and  small  disc  mass  is  that  any 
increase  in  frictional  dissipation  within  dte  contact  will  increase  die  bulk  ten^ieratuie  both 
rapidly  and  dramadcally  and  the  heat  source  should  be  aUe  to  respond  accordingly. 

Induction  heating  was  considered  as  a  prime  candidate,  pardculaily  as  the  majority  of  the 
beating  effect  takes  place  in  die  surface  layers.  However  the  desire  to  use  ceramic  (fiscs, 
Hgure  2. 19,  being  neither  magnetic  nor  conductive,  would  have  required  the  use  of  a 
susceptor.  Furthermore  this  method  makes  no  provision  for  heating  or  cooling  the  test 
fluid  prior  to  entrainment 


Figure  2. 19  Induction  Heating  of  AMS  6260  and  Silicon  Nitride  Discs 


Radiant  heating  of  the  lubricant  supply  was  tentatively  applied  using  infra-red  focused 
onto  a  thin-walled  capillary  feed  However,  the  change  from  hybrid  gas  to  hybrid  fluid 
pads  meant  that  the  test  fluid  could  be  used  to  distribute  heat  between  both  specimens  and 
enclosure.  Consequendy  the  test  fluid  is  heated  by  four  250W  cartridge  heaters  contained 
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within  the  pump.  Heating  elements  set  into  the  sides  of  the  test  enclosure  provide  a 
further  2.5  KW. 

A  ceram  window  in  the  back  of  the  test  enclosure  allows  the  discs  to  be  radiantly 
heated  indqwndently  of  the  test  fluid.  This  also  provides  access  for  a  thermal  imager. 

Previous  wcxk  by  Nicolson  (1988)  suggested  that  cooling  might  be  required  and  a  take¬ 
off  between  the  pump  and  manifold  was  provided,  despite  die  penal^  of  increased  test 
fluid  volume.  This  has  been  used  for  additional  fine  filtratkm  during  the  commissicMiing. 

2.5.4.1  Insulation 

Microtherm  insulation  encased  in  glass-fibre  was  used  extensively  on  account  of  its  low 
ccmductivity.  0.02  W/m^K  conqiared  with  -  0.2  W/m^K  for  glass  insulation,  which  has 
minimised  the  distance  between  the  bobtw  housing  and  test  enclosure. 


Exhibits  low  infra-red  absoiptioa 
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2.5.5  Instrumentation 

Torque ,  teiiq)erature  and  speed  are  all  logged  during  operation  using  an  A— >D,  and 
Macintosh  PC.  The  loading  cycle  is  software  controlled  via  the  A-»D  which  »v<ds 
flexibility. 

2.5.5.1  Torque  measurement 

Disc  traction  is  measured,  inclusive  of  the  pad  losses,  with  a  torsioD  tube  and  strain-bridge 
incorporated  into  the  slower  of  die  two  drive  spindles,  as  shown  in  Figure  2.20.  The 
bridge  potential  is  converted  to  a  nxxlulated  a.c.  signal  and  transmitted  via  a  light  limitting 
diode  to  a  stationary  photo-electric  diode.  This  signal  is  amplified  and  partly  fed  barV  via 
a  central  brush  to  provide  module  power.  The  remainder  is  reconverted  to  indicate  the 
strain  potential.  Feeding  part  of  the  signal  back  via  a  brash  has  allowed  a  phase-locked 
loop  to  be  used  to  cooqiensate  for  diermal  effects. 

The  use  of  signal  telemetry  avoids  ik^  which  is  inherent  with  hi^  speed  slip-ring  sets. 
Calibration  is  limited  to  static  dead-wei^L 


Figure  2.2Q  Schematic  of  Torque  Measurement 


disc  driva  bobbin  shaar  pin 
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2.5.5.2  Temperature 


Thermocouples  are  located  in  both  the  sump  and  fluid  supply  jet  althou^  trailing 
thermocouples  have  not  been  used  as  it  is  questionable  whedier  these  are  effective  in 
determining  disc  surface  teii:q>erature,  particularly  at  high  speed. 
thermocouples  have  been  calibrated  widi  surface  temperatures  by  Carper  (1972),  amnng«t 
odiers,  but  this  method  was  not  considered  feasible  here.  Listead,  an  infra-red  camera  has 
been  used  as  shown  in  Hgure  2^1.  calibration  of  which  cmrfiimed  the  relative 
insignificance  of  the  lubricant  filnVspray,  although  the  dynarrric  «rrissivity  rfdie  contact  is 
radier  mote  open  to  conjecture. 


Rgwe  2.21  Pise  temt?erature  measurement  bv  infra-red  emigsinn 


2.5.5.3  Speed 


Disc  speed  is  continuously  variable  although  the  slide  to  loU  ratio  is  pre-determined  by  the 
choice  of  layshaft  gears.  Magnetic  induction  pick-ups  are  used  to  measure  individual  disc 
speeds  and  tire  lower  layshaft,  which  allows  die  extent  of  slip  to  be  monitored.  Ptovision 
for  software  to  control  the  speed  has  been  incoqxrrated.  Calibration  is  verified  nMng  m 
oscillosct^ 

2.5.5.4  Disc  load 

Disc  load  is  appUed  by  squeezing  the  ‘nut-cracker’  via  a  lever  arm  and  actuator,  refer  to 

Rgure2.8.  The  strain  in  the  arm  is  monitored  to  provide  a  feedback  loop  for  the  actuator 

and  indication  (rf  the  applied  disc  load.  A  compression  qmng  between  the  arm  and 
actuator  allows  fine  tuning  of  the  system 

Permutations  in  loading  cycle,  such  as  rate,  step  or  ramp  are  controUed  by  software  which 
drives  the  actuator. 
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CHAPTER  3 

Results  and  test  programme 
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3.1  Summary  of  commissioning  and  preiiminary  testing 

In  the  course  of  rig  development  and  commissiooing  a  considerable  ammint  of  ‘testing’ 
has  been  carried  out  albeit  without  the  level  parameter  contrd  that  constitutes  fonnal 
load  carrying  ci4)acity  testing.  These  prelinunary  results  are  reviewed  widi  the  proviso 
that  more  extensive  testing  is  due  to  be  carried  out  and  it  would  be  premature  to  draw  too 
many  conclusions  before  these  are  complete^. 

To  date  endurance  testing  at  tetiq)eratures  above  18(y*C  has  not  been  attempted  due  to  the 
nature  of  the  shaft  seals  however  there  does  not  appear  to  be  any  reason  vriiy  this  aspect 
cannot  be  rectified  to  match  die  envisaged  operating  envelope  with  that  of  entrainment 

speed^^ 


3.2  Resuits  of  tests  to  date 

In  the  interests  of  providing  a  valid  comparison  between  the  prelinunary  work  l^colson 
(1988)  and  that  being  developed  by  MTI,  NewYork,  it  was  decided  to  provisionally  use 
37%  slide  to  roll.  AMS  6260  discs,  as  per  Ifigure  (2.7),  have  been  used  throughouL  The 
lubricant  is  an  ester  to  Nfil-L-23699B. 

A  sanqjle  of  the  test  specimens  have  been  subjected  to  topographical  and  SEM  including 
taper  microsection  analysis  both  before  and  on  completion  of  testing. 

Tests  were  performed  by  increasing  the  load  stepwise  whilst  running  in  some  cases, 
particulariy  at  higher  speeds  the  expected  ‘run-away’  as  illustrated  in  Figure  3. 1,  with 
dramatically  increased  torque  was  not  registered.  This  is  not  to  state  that  an  initial  scuff 
did  not  occur,  only  that  it  as  it  did  not  develop  in  the  ‘conventional’  low  speed  manner  and 
seize.  Instead  substantial  wear  is  experienced  by  the  slower  disc  which  in  combination 
with  localised  plastic  deformation  created  polished  smearing,  referred  to  henceforth  as 
‘high  speed  scuffing’. 

Figure  3.2  shows  the  nature  of  the  disc  surface  prior  to  failure  after  running  in. 


The  reader  is  refened  to  the  author’s  PhD  thesis  which  is  in  the  course  of  preparation  (June  *94) 
33  To  date,  Vnj„  45000  rpm 
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Hguie  3.3  illustrates  the  typical  or  ‘conventional’  scuff  experienced  at  low  speed  and  high 
load;  a  speckled  and  substantially  distressed  surface  as  a  result  cf  extensive  plastic  flow. 
This  particular  failure  occurred  at  10,000  ipm^  and  1700  N  and  will  be  used  as  a  Iwsis 
for  comparison. 

Hgure  3.4  depicts  all  the  results  and  thus  includes  failures  of  ‘ctmventional  scuffing’  as 
well  as  ‘high  speed  scuffs’  described  above.  In  deference  to  convention  and  the  absence 
of  a  significantly  better  alternative^.,  these  have  been  plotted  as  load  versos  speed 
however  detection  of  die  ‘high  speed  scuff*  was  by  no  nv«ng  consistent  as  iflustrated  by 
Figure  3.S  which  makes  inteipretaticm  subjective  in  terms  of  a  failure  load.  Although,  as 
expected,  there  is  a  fall  in  scuffing  load  with  speed,  some  of  the  narrow,  Vg”  track  discs 
have  a  higher  LCC  than  the  V4”  track  discs,  in  contradiction  with  both  Olver’s  model 
(1993)  and  prior  experience.  Preferential  additive  action  is  unlikely  to  be  respcHisible  as 
this  is  a  formulated  oil  and  the  scatter  in  the  results  suggests  repeatability  should  be  the 
first  target 

Hgure  3.6  illustrates  the  nature  of  the  ‘high  speed  scufT.  The  worn  slower  disc  is 
apparently  polished  although  as  Hgure  3.7  makes  evident  this  is  erroneous.  Themean 
length  of  the  surface  scratches  observed  is  ^iprmdmately  100  liin,  which  is  in  accord  widi 
two  body  abrasion  where  die  length  of  scratch  in  disc  2  created  by  either  an  asperity  or 
particle  embedded  in  disc  1  is  given  by; 


,  f  rpml  -  rpml '' 

scratch  =  ^ - - — 

V  n>m\  j 


x2b  = 


2y.SIR\ 
l  +  S/f?J 


x26 


(19) 


where  2b  =  contact  width,  SIR  =  slide  to  roll  ratio  and  rpm  1  &  rpm  2  =  disc  speeds. 

The  faster  disc  is  motded  matt  and  largely  unworn  with  the  exception  of  a  single  band. 
From  a  taper  microsection,  it  is  actually  very  similar  to  that  of  the  ‘conventitmal’  scuff  of 


^  Speeds  refer  to  faster,  narrow  track  disc. 

35  Future  planned  testing  will  attempt  to  rqxesent  such  results  on  a  diagram  covering  regimes  of 
operating  parameters  which  relate  to  differing  outcomes  of  an  initial  scuff. 
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Figure  3.3,  whilst  the  surface  layer  is  i^jproximately  SO  Vickers  harder  dian  die  case  prior 
to  running,  evidence  of  woric  hardening  during  plastic  flow. 

The  single  furrow  of  material  won  in  the  faster  disc  by  the  slower  was  frequently 
experienced  with  this  disc  machine  at  or  above  15000  rpm.  Wear  of  the  slower  disc  by 
the  faster  is  common  in  disc  machines  testing  lubricant  load  carrying  oqiacity  but  die 
furrow  and  ‘polishing*  are  either  uncommon  or  unreported. 

In  addition,  regular  axial  bands  were  visible  on  some  of  the  ‘high  speed  scuffs*.  Hgure 
3.8  illustrates  diose  present  on  ‘polished*  discs  run  at  7000  rpm  (15000  rpm  mating  disc). 
Though  visible  on  some  of  the  higher  speed  tests  they  were  less  pronounced. 


Figure  3.8  Axial  bands  on  ‘t»lished*  Mini-Disc 
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Nominal  PVg  of  the  ‘conventional  scufiT,  Hgure  3.3  was  5.3  GN/ms  compared  with  8.5- 
9.4  GNAns  and  4.5  GN/ms  for  Figures  3.7  and  3.6  respectively  confirming  the  difficulty 
of  using  this  criterion.  Flash  temperatures  have  not  been  calculated  as  these  results  were 
acquired  prior  to  modifications  to  increase  torque  measurement  sensitivity. 

The  log  file  of  Hgure  3.9  corresponds  with  die  ‘high  speed  scuff*  of  Hgure  3.6  and 
illustrates  the  gradual  increase  in  temperature  and  traction,  as  observed  by  armature 
power.  This  may  be  compared  with  the  much  more  evident  nature  of  the  slow  speed 
‘conventional’  scuff  Hgure  3.1  which  is  the  major  objective  for  increasing  torque 
sensitivity.  In  ascertaining  the  effect  and  inqxirtancc  of  cooling,  Hgure  3.10  illustrates  the 
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dramatic  run-away.  The  appearance  of  die  failed  discs  were  extremely  similar  to  those  of 
Figure  3.6,  namely  that  the  low  speed  disc  wore  severely. 


3.3  Requirements  for  future  testing  and  analysis 

Load  capacity  testing  by  inqilicatioa  involves  ai^lying  progressively  higher  loads  until 
some  critericm  of  surface  failure  is  reached,  this  is  invariably  acconqianied  by  an  increase 
in  traction,  temperature  and  ndse.  Whilst  it  is  equally  true  that  die  sama  fiulure 
phenomenon  can  be  induced  if  the  sliding  speed  or  temperature  is  increased,  the  majority 
c^load  carrying  capacity  tests  are  reported  as  functions  load  and  qieed,  and  the 
remaining  conditions  specified  where  known.  The  transition  diagrams  of  Begelinger 
(1976)  &  Salomm  (1976)  are  notable  in  dieir  attenqit  to  discern  between  the  prevailing 
condititxis  immediately  before  scuffing  and,  equally  significant,  dieir  extension  to  look  at 
die  effect  of  other  parametos. 

Any  particular  test  device  will  have  its  own  signature,  but  every  effcst  should  be  made  to 
minimise  its  influence.  The  design  of  the  mini*disc  rig  has  been  aimed  at  ensuring  the 
widest  possible  operating  envelcqie  ccsnbined  with  the  greatest  possible  control  over 
parameters  such  as  specimen  consistency  and  alignment  since  the  surfeit  of  plausible 
explanations  of  scuffing,  and  in  many  cases  apparent  experimental  contradiction  suggest 
that  it  is  necessary  to  map  out  scuffing  performance  extensively  i.e.  considering  all 
parameters  if  an  insight  is  to  be  gained  into  the  phenomena. 

As  load  is  increased,  whether  or  not  scuffing  occurs  will  depend  the  extent  to  which 
beneficial  modification  of  the  surface  occurs  during  the  loading  sequence.  Of  particular 
significance  for  this  test  machine,  in  view  of  its  unusual  configuration,  is  its  ability  or 
otherwise  to  abstwb  power  during  incremental  loading  in  view  of  the  low  inertia,  small 
disc  and  limited  fluid.  To  address  this  it  is  proposed  to  attempt  to  map  scuffing 
envelopes,  for  a  variety  of  initial  conditions,  both  along  the  load  ordinate  and  speed 
abscissa  where  it  is  anticipated  that  the  boundary  will  differ  as  illustrated  in  Figure  3. 1 1. 
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Figyrc  3.1 1  Alternative  approaches  to  assess  scuffing  envelope  for 


A  common  failing  of  much  disc  machine  testing  iqxxted  is  the  lack  of  duplication,  mwy. 
repeatability  is  both  prime  objective  of  this  work  and  a  justification  widely  used  in  favour 
of  disc  testing  it  is  proposed  to  test  sufficient  samples  at  the  same  nominal  conditions  to 
permit  this  aspect  to  be  quantified. 

Subject  to  these  results  as  well  as  constraints  of  manpower  and  funds,  it  is  then  proposed 
to  increase  the  tcnq)eTature  range  of  the  disc-rig  further  in  order  to  assess  ceramic  disc 
performance. 

Conclusions 

Preliminary  tests  have  shown  that  conventional  low  speed/  high  load  scuffing  as  shown 
by  Nicolson  (1988)  can  be  achieved  with  the  developed  rig.  In  addition  the  rig’s  ability  to 
push  conditions  and  particulariy  speeds  further  has  shown  that  there  may  be  a  transitional 
scuffing  mode  of  failure  which  does  not  immediately  lead  to  seizure.  This  aspect  warrants 
further  study  in  terms  of  a  comprehensive  map  of  scuffing  and,  in  particular,  whether 
limited  recovery  is  possible  at  high  speed. 

In  setting  these  objectives  it  should  also  be  possible  both  to  quantify  repeatability  as  well 
as  the  reductiem  in  test  costs. 
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23/7/93-10,000  rpm  ,  37%  S/R,  1700  N.  Mil-L-23699B 


Ekure  3.4  Preliminary  Scuffing  Results  with  High  Speed  Mini-Disc 
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-  MT3  Fluid  temp 
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Figure  3.6  ‘High  Speed  Scuff 


11/1193:  15000  rpm,  37%  sUde/roU,  100  N,  Mil-L-23699 
Maximum  temperature  ~  200°C,  refer  to  Figure  3.6 
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hv  of  ‘Hieh  Speed  Scufr 


Mode  Cut  Off  Filter  Reference  l9nore 
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